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PREFACE. 



Tms book presents one phase of the instruction in marine 
engineering at the Massachusetts Institute of Technology and is 
offered now in hopes that it may be useful to students of marine 
engine design and to yoimg engineers beginning the practice of 
their profession. 

It gives methods of computing the proper size and strength of 
the parts of a marine engine, similar to those in good practice, 
with special attention to instruction, and perhaps carried to a 
somewhat greater degree of refinement. 

Students are expected to make a design of marine engine with 
proper drawings and computations to such a degree of completion 
as is possible in a technical school, and to be guided in the de- 
sign by the use of a good handbook, and by consulting drawings 
of actual engines. The most obvious result of such a design is 
to make students more inmiediately available in marine engine 
works after graduation. But it is probably of more advantage to 
the student to have an opportunity to join to his habit of study 
the consideration of a large problem from the point of view of 
an engineer. From such a problem he may learn something of 
his limitations and may gain that form of confidence that comes 
from working by himself. With this in view the student is re- 
quired to work individually, depending for assistance when nec- 
essary on his instructor who may force him more and more on 
his own resources. For the ejficient prosecution of this method 
there should be in the hands of the instructor a number of 
designs worked to completion so that the student's error may 
be checked at discretion. Many years of experience have 
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confirmed the writer in his opinion that a discreet use of this 
method may develop confidence and initiative in the student, 
the control being by giving him data and proportions he is 
incapable at first to select for himself, and in teaching him 
methods which he can appreciate only after he has used them. 

C. H. P. 

March, 19 13 
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COMPUTATIONS FOR MARINE 
ENGINES. 



CHAPTER I. 

PRELIMINARY COMPUTATIONS. 

A SIMPLE engineering structure with definite loading may be 
designed directly and all computations may be made in advance 
by satisfactory methods. When the structure is complicated, 
perhaps with redundant members, and when the loading is un- 
certain, a complete and satisfactory computation for stresses in 
advance becomes difficult if not impossible. Under such circum- 
stances the designer makes a tentative preliminary design by 
simple methods that are known to be incomplete, controlling 
the design by comparison with known good practice. After the 
main features of the design have been determined more com- 
plete computations may be made from which it is possible to 
judge whether the design is likely to be satisfactory. 

A ship and the propelling machinery are liable to be most 
severely tried during stormy weather in consequence of the 
action of the sea for which no computations can be made, and 
consequently the naval architect and marine engineer in new 
designs must preserve a just balance between conservative fol- 
lowing of precedents and bold use of new facilities. 

The designer of a marine engine can determine in advance 
the power for the engine under normal conditions, and this gives 
a fairly satisfactory basis for computations of stresses, for the 
engine is seldom or never run at full power in a storm when the 
action of the sea imposes unknown loads on the machinery. 
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There are, however, certain parts, like the propeller shaft, which 
are likely to be most severely tried in stormy weather, and for 
which special allowance must be made. The framing and sup- 
porting of the engine and the forms of many of the parts intro- 
duce conditions that make a satisfactory computation of stresses 
in advance impossible, consequently a designer follows the cus- 
tom of computing the main dimensions by simple rules, some of 
which are evident applications of ordinary methods and others 
are rules of thumb intended only to represent conunon practice. 
Afterward a more complete computation can be made for nor- 
mal conditions of service. Such is the method of computation 
of this book, together with special attention to instruction of 
the student. For this purpose the various rules and methods 
are applied to a selected design to serve as a model, and such a 
model is the more important if the student works individually 
as is believed to be desirable. 

A good acquaintance with the ordinary technique of the work 
of a marine engine designer is necessary for that intelligent self- 
confidence which gives initiation in undertaking new work. 

It is assumed that the student has and uses a good handbook 
both as a matter of convenience and as training in the proper 
use of such books. For the preliminary design, simple rules, 
such as are found in handbooks, are quoted with or without 
deduction as appears convenient. Customary proportions are 
chosen with little or no conmient. The more complete compu- 
tations are explained in detail as they are developed. 

A large part of the draughting room work on the design of a 
marine engine consists in copying good forms and proportions 
which have been developed in practice. Intelligent copying and 
adapting of such forms and proportions will give sujficient exer- 
cise to the student's ingenuity; originality is at least of doubtful 
value at the early stages of the young engineers' professional 
experience. 



PRELIMINARY COMPUTATIONS 3 

Attention must be concentrated on numerical accuracy which 
is of prime importance in practical design; this may be contrary 
to the order for fundamental training when a firm grasp of 
principles is properly considered to be most important. The 
calculations must be rigidly checked from step to step, as even 
a slight error may cause confusion in future work. 

The writer considers that the best criterion of the sufficiency 
of a design for a marine engine is the final computation for 
stresses, which is most satisfactory if made after the engine has 
had its trials, and which can then serve as the basis for future 
designs. For this reason the final computations, while follow- 
ing in general the approved methods of practice, are carried to a 
greater degree of refinement. 

In justification of this opinion the following considerations are 
offered. There are three ways of judging the suflSdency of a 
design: — 

(i) Satisfactory service. 

(2) Considerations of failures. 

(3) Computation of stresses. 

These methods are given in the apparent logical order, and 
in the end there can be no appeal from the test of service. Even 
when the development of the marine engine shall be finished the 
copying of existing models must be done intelligently, which 
usually involves some consideration of strength if parts are not 
to be either too small or unduly heavy. For new conditions 
some logical system is indispensable. 

In the earlier history of marine engineering failures were not 
uncommon either because parts were too small or the material 
was defective. Failure occurred at the crank shaft, at the 
thrust shaft and at the tail shaft; the first was usually due to 
failure to allow for combined twisting and bending, the second 
was due to defective material, and the third was due to the 
action of the sea; it only could not have been guarded against. 
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To-day the proper size of the taU or propeller shaft must be 
determined mainly by experience. To-day failures are unusual 
and cannot be expected to have much influence on future 
design. 

Too frequently little is learned from the study of a failure even 
when a proper investigation is made. A careful investigation 
of the collapse of the engine on the Paris by Schlick led him to 
believe it was due to the propeller shaft getting out of line; but 
the destruction was too complete to allow of any certain conclu- 
sion. On the other hand an inquiry into the failure of the con- 
necting-rods of the Bidfinch indicated that they would have 
been shown to be insufficient by a proper computation which 
was not made. 

Taking into consideration all the difficulties and uncertainties 
of the most complete computations for stresses that can be made, 
the writer reiterates his belief that such computations when 
properly related to experience in running the engine give the 
best basis of judgment of the sufficiency of a design. 

The following is the form of problem supplied to a student. 

Marine Engine. 
To design a marine engine as follows: — 

Type 3-cylinder triple-expansion 

Indicated horse-power 2500 

Piston-speed 6co 

Stroke, inches 48 

Ratio of connecting-rod to crank 4i 

Steam-pressure by gauge (boiler), pounds 190 

Ratios of cylinder volumes, etc. : 

Low-pressure to high-pressure 8. 29 

Intermediate to high-pressure 2.89 

First-receiver to high-pressure. 1.2 

Second-receiver to high-pressure 2.7 

Events of stroke, all cylinders: 

Cut-off 0.7 

Compression 0.9 

Release 0.9 



PRELIMINARY COMPUTATIONS $ 

Clearances, per cent of piston-displacements: 

High-pressure 12 

Intermediate 10 

Low-pressure 8 

Back-pressure, absolute, pounds 4 

Factor for mean-effective-pressure o. 60 

Order of cranks, high, low, intermediate. 

Mean-Effective-Pressure. — A design for a steam engine logi- 
cally begins with a determination of the mean-effective-pressure 
of the steam acting on the piston or pistons. 

Should the designer have indicator diagrams from an engine 
differing from his design only in size and revolutions, such dia- 
grams would be directly available for the new design; this con- 
dition is exceptional. Commonly there will be variation of 
steam-pressure or of the events of the stroke, or of both; in such 
case probable diagrams can be divided by a method given on 
page 66. For the preliminary design it is customary to use a 
conventional method for determining the probable reduced 
mean-effective-pressure; this may be defined as such a mean- 
pressure as woxild develop the whole power of the engine if 
applied to the low-pressure piston only. 

The conventional estimation of the reduced mean-effective- 
pressure depends on the assumption that the steam is supplied 
at full boiler-pressure to the low-pressure cylinder and is ex- 
hausted against the assumed back-pressure. Clearance and 
compression and a so-called total expansion is used taking the 
rectangular hyperbola as the expansion line. 

K the high-pressure piston displacement is V and if cut-off 

takes place at - part of the stroke, then the volimae of steam* 
c 

admitted to that cylinder is 

c 
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Taking R as the ratio of the low-pressure piston displacement 
to that of the high-pressure then the volume at release from the 
low-pressure cylinder will be 

RV. 

The ratio of expansion is taken as 

RV 
n = ; 

C 

.*. n = cR, (i) 

where c is the reciprocal of the cut-oflF of the high-pressure cyl- 
inder and R is the ratio of the piston displacements for the low- 
pressure and high-pressure cylinders. This is commonly called 
the number of expansions. 

This method is applied to all types of engines, compound- or 
multiple-expansion. Cut-off on other cylinders than the high- 
pressure, and the arrangements of intermediate cylinders have 
only a secondary effect on the power of the engine. Should 
there be two low-pressure cylinders then R is the ratio of the 
total cylinder volume for both, to that of the high-pressure 
cylinder. Though unusual, there may be two high-pressure 
cylinders, and then also the united volumes will be taken for 
this purpose. 

The sample assignment has for the total expansion 

w = — X 8.20 = 11.85. 
0.7 

Fig. I may be assumed as the diagram for the conventional 
estimate of the reduced-effective-pressure, taking pi for the 
boiler-pressure and pz for the back-pressure. The work during 
admission will be piVi; and during expansion will be 



r % 

plVi \ pdv = plVi loge — 
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for hyperbolic expansion; while the negative work of back- 
pressure will be pzV2. The total work is therefore 



piVi + piVi loge pzV2. 

Vi 

Dividing by the volume V2 gives 
for the mean-eflFective-pressure 

pi-U +loge-] -pz. 

V2\ Vi' 



\(Pv^i) 




(Pa,V 



Fig. I. 



Tacitly following the thermody- 
namic method the volumes have been 
taken in cubic feet and the pressure 
in pounds per square foot. But the ratio of the volume V2 to 
vi is our total expansion, and the mean-efifective-pressure may 
be given either in pounds per square foot or in pounds per 
square inch, provided that the piston area is taken in the 
proper form. Consequently we may write for the reduced 
mean-efifective-pressure 

m.e.p. = pi-(i+ log. n) - pa, (2) 

n 

where n is the total expansion, and pi and ps are the boiler-pres- 
sure and the back-pressure, both absolute in poimds per square 
inch. 
For example our problem gives 

m.e.p. = (190 + 14.7) 7r^(i + log* 11-85) - 4 = 55-98. 
11.55 

The actual reduced mean-eflFective-pressure will be less than 
the figure so computed on account of losses of pressure from the 
boiler to the engine, from cylinder to cylinder and from the 
engine to the condenser, and also on account of the influence of 
release and compression. This factor should be estimated from 
comparison of the actual reduced mean-eflFective-pressure and 
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the conventional-pressure computed by equation (2); it may 
vary from about 0.55 to about 0.67. 

The factor for probable mean-eflFective-pressure being taken as 
0.60 gives 

0.603 X 55.98 = 33.6. 

Though the calculation of the actual reduced mean-eflFective- 
pressure does not belong in this place it is convenient to state it. 
Suppose that the actual mean-eflFective-pressure for each end of 
each cylinder of an engine has been determined from proper 
indicator diagrams taken while the engine is in service. From 
the diameters of the pistons and the piston-rods the actual area 
for each side of each piston can be foimd. Beginning with the 
top end of the high-pressure cylinder, the mean-eflFective-pressure 
is to be mxiltiplied by the eflFective area and divided by the mean 
area for the low-pressure piston. If there is no tail-rod the 
eflFective area is that of a circle having the diameter of the cyl- 
inder, for the top end of the cylinder. For the bottom end the 
area of the section of the rod is to be subtracted. The mean 
area for the low-pressure piston is found by subtracting from 
the area of the circle having the diameter of the low-pressure 
cylinder half of the area of the rod. Should there be a tail-rod 
for any cylinder due attention should be given to it. After the 
several reduced pressures for each side of each piston have been 
computed, they are to be summed up and the sima divided by 
two. The area of the piston-rod is not important compared 
with that of the low-pressure piston, and the mean-pressure for 
each side of that piston is often taken directly in estimating the 
factor for reduced mean-eflFective-pressure. 

Piston-Speed. — The piston-speed of an engine is convention- 
ally computed by multiplying together twice the stroke in feet 
and the revolutions per minute. From the beginning of steam- 
ships this quantity has increased under the exigencies of service 
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and improvements of material and machine-shop practice. For 
freighters a piston-speed of 600 feet per minute may be taken 
as standard; passenger steamers may have 700 to 800, and 
battleships up to 1000, while torpedo boats and destroyers 
may have 1200 feet per minute. 

Though the high speeds of piston quoted for naval vessels 
have been used successfully it is at the expense of cost of con- 
struction and difficulty of maintenance. Since the conditions 
that lead to high piston-speed favor the use of steam turbines 
it is imlikely that speeds will be increased or even maintained 
for marine steam engines. 

Diameters of Cylinders. — Having the estimated reduced 
mean-effective-pressure the diameter of the low-pressure cylinder 
may be computed from the equation 

I.H.P. = m.e.p. X area X piston-speed -5- 33,000, 

or 

. I.H.P. X 33>oQo / X 

Area = 7-^ ; • (3) 

m.e.p. X piston-speed 

For our problem 

2500 X 33,000 

Area = — ^ = 4002 sq. ins. 

33.6 X 600 

The nearest convenient dimension from a table of areas of 
circles will be 72^ inches. We may, however, take 72 inches 
for the diameter of the low-pressure cylinder. The difference is 
about half a per cent. 

As will appear later the diameter of the piston-rod will be 6j 
inches and its area is somewhat more than one per cent of the 
area of the low-pressure piston. It is customary to neglect the 
area of the piston-rod for all cylinders in many of the following 
calculations which leads to discrepancies that the student should 
recognize and accoimt for in a general way without undue loss 
of time. In all cases it will appear that either the discrepancy 
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is insignificant or else that it is taken care of by the use of some 
practical factor which is deduced with the same neglect of the 
area of the rod. Though an allowance could be made without 
much increase in complexity it is not customary and probably 
is not worth while. After all, the power of the engine depends 
mainly on the size of the low-pressure cylinder, and variations of 
dimensions and proportions of the other cylinders affect mainly 
the distribution of power. Perhaps exception should be made 
of the cut-oflF of the high-pressure cylinder, which, however, can 
be varied after the engine is built. 

It is customary to assume ratios of cylinder volumes from 
practice as instanced in our problem. Taking ratios given there 
we may determine the areas of the high and intermediate pis- 
tons and their diameters as follows: 

High-pressure piston, 

Area = 4092 -r- 8.29 = 494 sq. ins.; diameter = 25 ins. 

Intermediate piston, 
Area = 4092 -5- 2.89 = 1416 sq. ins.; diameter = 42^ ins. 

If any engine has two low-pressure cylinders, the computed 
area for the low-pressure piston will be divided by two before 
finding the diameter. 

The number and arrangement of cylinders for marine engines 
have been controlled by conditions arising in practice, such as 
the increase of steam-pressure and the increase of power and 
size, together with the diflSiculty of making castings for large 
cylinders. The advantages of ready control and steadiness of 
running early led to the use of two cylinders and cranks at right 
angles; when it became evident that the proper expansion even 
for moderate pressures could not be obtained, compounding was 
resorted to, still using two cranks at right angles, one for the 
high-pressure and the other for the low-pressure cylinder. This 
type is likely to persist for small powers and where fuel economy 
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is less important. When the powers demanded from marine 
engines became large, the two-cylinder compoxmd type became 
inconvenient on account of the large volume of the low-pressure 
cylinder, both because such a volume demanded long stroke and 
large diameter and therefore a large engine, and because there 
was difficulty in casting the cylinder. Engineers then resorted 
to the device of using two low-pressure cylinders; the resulting 
three-crank engine was found to nm smoothly and three-crank 
engines have always been favored by sea-going engineers. The 
proper distribution of work among the three cylinders of the 
compound type was difficult and usually unsatisfactory. Very 
soon the increasing steam-pressure brought about the use of the 
triple engine for marine service, and this has become the stand- 
ard type usually having three cylinders in the order of high- 
pressure, intermediate- and low-pressure; though the reason for 
it cannot now be given, it may be stated here also that the 
cranks rotate in the order high, low and intermediate. 

The steam-pressure used at sea has been controlled by and 
has followed closely the development of boiler making; the 
main influence has been that with higher pressures the size and 
to a less extent the weight of a boiler has been diminished; an 
important influence also has been the improvement in economy 
made possible by high-pressures and appropriate expansions. 
Since a marine engine has no flywheel the cut-off cannot be very 
early and consequently more cylinders are required for obtaining 
a proper expansion than are needed on land engines; even so a 
marine engine has seldom, if ever, sufficient expansion and there- 
fore its economy is poorer than for land engines. When it be- 
came possible to use steam-pressures of two hundred pounds and 
upwards, quadruple expansion engines were introduced; now 
that a pressure of three hxmdred poimds is possible especially 
with water-tube boilers that tendency has received new em- 
phasis; it is, however, doubtful if they become a standard type. 
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The same influence which led to dividing the low-pressure 
cylinder of compound engines was soon felt by designers of triple 
engines, and led to the introduction of the four-cylinder triple 
engine especially in naval service where it was important to 
keep down the height of engines under armor. This four- 
cylinder triple engine may now be considered as the standard 
naval engine. 

The quadruple engine in simplest form has four cranks, one for 
each cylinder. The use of two low-pressure cylinders for this 
type of engine is usually accomplished by the introduction of 
a tandem arrangement which is seldom satisfactory. 

Early in the history of compounding of engines the tandem 
arrangement with one cylinder over the other was resorted to, 
and the same idea has been revived whenever the number of 
cranks (were there to be one for each cylinder) has been consid- 
ered imdesirable. But since ready access to all the cylinders is 
necessary for marine engines the tandem type has not foimd 
lasting favor. 

In more recent times the trouble from vibrations on such ships 
as have high power, especially if the construction of the hull is 
light, has led to a careful study of balancing engines, and some 
engineers have favored the four-crank engine because they 
thought it could be more efifectively balanced than a three-crank 
engine. 

Now that steam turbines are finding favor either by them- 
selves or in combination with reciprocating engines, it is unlikely 
that special arrangements of cylinders will be necessary, and the 
tendency of standardization will increase. 

The standard types of marine engines are likely to be 

(i) Simple engines, with one or two cylinders, and one crank 
or two cranks at right angles. 

(2) Compound engines, with two cylinders and two cranks 
at right angles. 
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(3) Triple engiixes with three cylinders and three cranks at 
120 degrees; for naval purposes four cranks and two low-pressure 
cylinders may be used. 

(4) Quadruple engines with four cylinders and four cranks. 
This type is less likely to persist than the others. 

This historical statement and the conclusions are given be- 
cause works on marine engineering give considerable space to 
special types and arrangements which deserve less attention. 

Stroke and Revolutions. — The stroke and revolutions of an 
engine are so related to piston-speed that one or the other may 
be chosen and thereupon the other is fixed. 

The most natural way would appear to be a choice of revolu- 
tions. Thus if an engine makes 75 revolutions per minute and 
has 600 feet piston-speed the stroke becomes 

, ,- V piston-speed 600 

Stroke (feet) = , . = = 2. 

revolutions X 2 75 X 2 

But it is likely that builders will prefer a convenient dimension 
for the stroke and will be ready to vary the revolutions especially 
if they desire to use patterns in stock. We may for our problem 

compute, 

^ , . piston-speed 600 

Revolutions = = = 75. 

stroke X 2 2X2 

It would appear that the solution of stroke and revolutions 
should depend on obtaining a good design for the cylinders. It 
may be said that the low-pressure cylinder of a marine engine 
is habitually as large as or larger than would be desired if the 
designer was not limited by conditions. For a triple-expansion 
three-cylinder engine the stroke is likely to be from 0.6 to 0.8 
of the diameter, while naval engines have relatively shorter 
strokes whatever number of cylinders they may have. For 
land practice a stroke at least as long as the diameter of the 
low-pressure cylinder is preferred. 
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Receiver Presstires. — The probable receiver pressures can be 
estimated only after the probable indicator diagrams are con- 
structed by a method to be given later. For the preliminary 
design the following crude method is used: 

Disregarding clearances and compression the volume of steam 
in any cylinder at cut-ofiF may be taken as equal to the piston 
displacement multipUed by the cut-ofiF expressed as a fraction of 
the stroke. For our present purpose assume that the pressures 
are inversely proportional to the volumes. If now the piston 
displacements are Df,, D^ and Z>, for the three cylinders of a 
triple engine and if the cut-offs are at the fractions of the stroke 
Q, Ci and Ci the volumes will be 

CA, C,D, and C^D^, 

and the pressures at cut-off for the intermediate- and low-pres- 
sure cylinders will be 

Instead of the actual piston displacements we may use the 
ratios which are part of the data of the problems. For our 
problem we have 

Pi = (190 + 14.7) ^ X ;;^ = 70.5. 
0.7 2.09 

Pi = (190 + 14.7) ^ X r^- = 24.7- 
0.7 8.29 

These will be assumed to be the absolute pressures in the 
receivers, so that we shall have 

Pounds 

Admission pressure, absolute 204. 7 

First-receiver pressure, absolute 70 . 5 

Second-receiver pressure, absolute 24. 7 

Back-pressure, absolute 4,0 
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Thickness of Piston. — A satisfactory calculation for the 
strength of a piston which would involve the theory of elasticity 
cannot be given; for the actual piston it is customary to calcu- 
late for a segment as if it were a cantilever uniformly loaded, and 
the same method applied to a plate of uniform thickness is used 
for selecting a modulus on which the design of the cylinder can 
be based. For either case the calculation should be considered 
rather as a logical or at least semilogical way of basing a new 
design on good practice. 

Suppose that a half of a circular plate is treated as though 
it were a cantilever fixed at a diameter. Now the area will be 
f ttJ^, and the distance of its center of gravity from the center 
is f Trd as given by text-books on applied mechanics. Con- 
sequently the bending moment with a uniform load of p pounds 
per square inch will be 

If the thickness of the plate is /, then the moment of inertia 
of a diametrical section will be 

1 = — > 

12 

and the distance of the most strained fiber from the neutral axis 
will be J / so that the usual beam formula gives for the stress 

My ipd^ 
or t^V—jVp^CdVp. 

.2/ 

Values assigned to C by Seaton * are 

Cast iron C = 0.008 

Cast steel C — o. 0046 

Forged steel C = o. 0035 

* Frequent references will be made to Seaton and Roundthwaite's Pocket Book 
of Marine Engineering. 
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These values of C appear to lead to stresses of 8000, 24,ocx> 
and 41,000 pounds per square inch. But Seaton recommends 
adding an arbitrary quantity to the modulus then found, from 
a quarter to three-quarters of an inch; and further the piston 
is either coned or cored out and is of such form that the actual 
stress is probably only a fraction of the stresses just given. 

For our problem the loads per square inch may be taken as 

High-pressure piston 204. 7 — 70.5 = 134. 2 

Intermediate piston 70.5 — 24.7 = 45. 8 

Low-pressure piston 24. 7 — 4.0= 20. 7 

Consequently the computation for the modulus will give 

tf, = 0.008 X 25 X V 134.2 = 2.3. 

ti = 0.008 X 42^ X Vis^ = 2.3. 

ti = 0.008 X 72 X V 20.7 = 2.6. 

Following Seaton we will add to the quantities thus foxmd 
respectively 0.3, 0.45 and 0.6 so that the moduli become 

^h = 2.3 + 0.3 = 2.6 ins. 
Xi = 2.3 + 0.4s = 2.7s ins. 
Xi = 2.6 + 0.6 = 3.2 ins. 

Finally the draughtsman will use his discretion as to thick- 
nesses of metal proper for the foundry to get sound castings 
and is likely to make corresponding parts of all pistons of the 
same thickness whether or not Seaton's method (or some other 
rule) would lead to like thicknesses. Finally thicknesses may 
be reduced when good foundry practice is to be depended on 
and when reduction in weight is important; handbook rules 
are likely to provide more than sufficient strength. 

Conical cast-steel or forged-steel pistons are commonly given 
a slope of about one in three for the low-pressure piston. All 
other pistons are given the same total depth and will have 
greater slopes. 
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The leakage past the edges of pistons appears to be directly 
affected by the effective pressures in the cylinders which will 
vary with the boiler-pressure, the ratios of cylinder, etc., and as 
these are independent of size it would appear as though there 
should be some logical way of determining the proper packing 
and its width, which would answer for all engines of a given type. 
No such method has been proposed, and so far as there is a 
system it depends on the depth of the piston which by Seaton's 
formula varies both with the steam-pressure and the diameter 
of the cylinder. K there is no tail-rod, then the piston is 
steadied by the packing rings which give some justification 
for this custom. Sometimes the kind of packing varies from 
one cylinder to another but even so the depth of the pis- 
ton at the edge is made the same for all cylinders of a given 
engine. 

Flat Springs. — One of the oldest forms of packing has a wide 
thin ring which has little if any elastic pressure against the side 
of the cylinder when in place. Such a ring may be of uniform 
thickness and will be turned inside and outside from a solid 
ring, which is likely to be a httle larger in diameter than the 
cylinder, and then cut open. This ring will be forced out against 
the cylinder by some form of spring or springs bearing against 
the inside of it. The oldest and simplest form is known as a 
coach spring which is humped up in the middle; it bears against 
the body of the piston at its middle and against the packing ring 
at its edges; the packing ring distributes the pressure over the 
side of the cylinder. 

Such a spring may be treated as though it were a beam sup- 
ported at the ends and loaded at the middle. The deflection 
may be computed by the equation 

1 Wl"" ^iWP 
^^' 48 EI ' 4Ebfi' 
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where W is the load at the middle, / is the length of the spring 
measured directly from point to point, h is the breadth and / is 
the thickness (assumed to be xmif orm) while E is the modulus of 
elasticity all in inches. 

Suppose such a spring has an effective length of 2>\ inches, a 
width of 2 inches and a thickness of /j of an inch. If it is 
given a deflection of -jV o^ 3,n inch when forced into place the load 
or pressure against the piston body will be 

_ 4£ft/% ^ 4 X 30,000,000 X 2 X {jif X iV 
/3 (31)3 

PT = 34 poimds. 

The area affected by such a spring may be 4J inches long and 
2 J inches wide, so that the pressure per square inch will be 

34 -5- 4^ X 2J = 3 pounds. 

Conversely if a certain pressure is desired the load may be 
computed from that pressure and consequently the thickness or 
the deflection may be determined. 

A practical convenience but at the same time a questionable 
trait of this type of spring is the ease with which the spring may 
be given a set and consequently the deflection and load may be 
increased or decreased. It is customary to issue instructions to 
engine erectors to adjust the spring to a given deflection as it 
is forced into position. 

Sometimes springs of this general type are given special forms 
intended either to better distribute pressure or to avoid varying 
the pressure by changing the form and therefore the deflection. 
The computation of deflection or load is liable to become diffi- 
cult and uncertain and it is best to make up and test a spring 
and modify it until a proper adjustment can be made. 

Spring Rings. — For pistons less than 30 inches in diameter, 
spring rings can be made which when forced into the cylinder 
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will from their elasticity produce a proper pressure against the 
cylinder walls. They are made somewhat larger than the cylin- 
der and are cut open at one side; when forced into place they 
should give uniform pressure all round the cylinder. There are 
two kinds of these rings; one has a constant external diameter 
both when free and when forced into the cylinder, and is prop- 
erly thinned from the middle to the ends; the other has a 
uniform thickness and consequently has a varying radius of 
curvature when free, which at the ends is the same as that of 
the cylinder and increases systematically to the middle. The 
second kind has habitually been made of steel which is rolled to 
the correct form. The first kind is made 
of cast-iron and is usually only approxi- 
mately correct in shape. 

Flexure of a Curved Beam. — Let Fig. 2 
represent a circular beam which had the 
radius po before it was bent by the applica- 
tion of a distributed load, and the radius p 
after the beam was bent. Let the exten- 
sion per unit of length be a when the out- 
side fiber stress is /; consequently the extension for a length / 
will be a/. Before the load is applied, the angle subtended by 
the arc having the length / is 

Po 




Fig. 2. 



and after the load is applied, that angle increases to 



and the increase in the angle is 



A« = — > 

■ y 
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taJdng y to represent the distance of the outside fiber from the 
axis of the beam. Repladng A^ by this value in the equation 
above, and also B by its value, we have 

I al I + al 

— I — = • 

Po y P 

a I 1 , a 
.\ - = + -. 

y p Po p 

But within the elastic limit a must be very small compared witk 

p, and the term - may be omitted, giving 
P 

I I _ <^ 
P Po y 

But from the theory of beams, 

where/ is the stress on the most distant fiber, and E is the mod- 
ulus of elasticity. Consequently, 



I I /I 
J or 



I ^£/i_ j\ 
y" f^p po/ 



P Po Ey y 

If the bending moment is represented by M, and the moment of 
inertia of the section of the beam by /, then, in general, 

y 

Substituting for y from the equation just above, we have 

V Po/ 

This equation is approximate only, as is also the corresponding^ 
formula for a beam which is straight before a load is applied. 
If the beam is straight at first, the po becomes infinity, and the 
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above equation reduces to the standard form for straight beams, 

EI 
ilf = — . 




Fig. 3. 



Spring Ring of Varying Thickness. — Let it be required to 
determine the form — that is, the varying thickness — of a spring 
ring which is circular before it is 
forced into the cylinder, with the 
condition that the pressure of the 
ring against the cylinder shall be 
uniform. 

Let Fig. 3 represent a part of 
such a ring near one end, after it 
has been forced into a cylinder 
which has the radius r. Let the 
ring be one inch wide, and let the 
pressure against the side of the cylinder be p pounds per 
square inch. Then the load on a small length of the ring at 
the point a will be 

priie, 

which load is normal to the curve of the beam, and consequently 
is radial. The moment of this load about an axis at B will be 

pr^B • r sin ^. 

Passing to the limit where A^ becomes dd, and then integrating 
the moment of the load due to the pressure of the ring from A 
to B, we have 

pr^ I smBde^ pr^{i- cosS). 

Equating this bending moment to the moment of resistance 
deduced above, 
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If the depth or thickness of the ring at B is t, then 

12 

for the width has been chosen to be one inch. Substituting this 
in the preceding equation, and replacing p by its equal r, we have 

I I 12 pr^ (i — cos 6) 24 pr^ sin^ 1 6 
r"^" E^ " Efi 

The thickest part of the ring will be diametrically opposite the 
points; that is, at the angle d = 180 degrees. For this angle 
the thickness of the ring may be called h, and the special form of 
the above equation corresponding is 

I 1 ^ 24pr^ 

r 



I 
Po 



Eh' 



From the last two equations we have 



7 = <^^^e. 

h 

The following table gives the relative thickness of the ring at 
various angles, measured from a point of the ring: 



9 


<+<! 


e 


t^h 


10 


0.197 


100 


0.837 


20 


O.3II 


120 


0.910 


40 
60 
80 


0.489 
0.630 
0.745 


140 
160 
180 


0.960 
0.990 

I.OOO 


90 


0.794 







Fig. 4 gives the form of such a ring when in place in the 
cylinder. 

This discussion of spring rings is defective because the mo- 
ment of the load is referred to the point B in Fig. 2, instead of a 
point at the neutral axis of the ring. As the thickness of the 
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ring is not large compared with the diameter the error is not 
important more especially as precision in the determination of 
the pressure against the cylinder 
wall or in the distribution of that 
pressure is neither necessary nor 
important. Were there no other 
influence interfering, the circum- 
ferential friction of the ring against 
the cylinder would prevent any- 
thing like precision. 

An experimental ring with vary- 
ing thickness and cut to the cor- 
rect form was shown by Mr. Wm. 
M. Rosewater* to conform closely with the theory given here. 

A ring laid out in accordance with this theory will have a 
circular exterior contour both when free and when sprung into 
the cylinder and as required will give a uniform pressure. The 
radius when free will be po which may be computed by the 
equation 

I I ^24 pr^ 

and the corresponding perimeter is 2 wpo, while the perimeter of 
the section of the cylinder is 2 xr; consequently the space between 
the points will be 

2 7r(po-r). 

It is proposed by Unwin that the ring shall be made as follows: 
Turn oflf the outside to the radius po and then chuck the ring 
with an eccentricity of 

a = 0.206 h, 

and bore out to a radius equal to 

Po- 0.794^, 
♦ Thesis, M. I. T., 1892. 
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leaving a thickness of h at the back of the ring opposite the points. 
Finally cut the space at the points as indicated above. The 
ring so made will be too thick for more than 60 degrees from the 
points and will give excessive and pooriy distributed pressure. 

It is now proposed that the ring shall be formed by boring the 
inside with three operations from three centers, (i) As recom- 
mended by Unwin with the proper thickness h at the back and 
eccentricity of 0.2 h, (2) shift the center the same- amount, 
namely 0.2 h, away from the back, making a total eccentricity 
of 0.4 h and bore a second time with the same radius; (3) finally 
shift the center once more by 0.2 /i, making a total eccentricity 
of 0.6 h and finish by boring a third time with a radius equal 
to po — 0.914/1. The ring is then to be cut open at the points. 
Mr. Rosewater's thesis shows that a ring so made will have a 
good working thickness at the point, will give very nearly the 
computed pressure and will distribute the pressure with good 
imiformity. 

If many rings of the same size are to be made the process may 
be cheapened by casting the ring to the desired inner form which 
may be struck from three centers as stated, one to give the 
desired thickness h and with an eccentricity of 0.2 ti and two 
others with eccentricities of 0.4 h and 0.6 h, thus forming a 
smooth oval. By use of a metallic pattern and proper methods 
the inner surface may be made smooth; finish can be allowed for 
on the outside only. The ring may be cut open at the ends and 
forced onto an eccentric hub, the eccentricity being 0.2/1; the 
hub may have the radius 

r - 0.8 h 

for about half the circumference at the back of the ring but 
should protrude beyond the circle drawn with that radius to 
support the points when the ring is turned oflf. To form such 
a hub a master ring may be made by boring out to three radii 
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as described on page 23; this ring may be cut open at the points 
and sprung into a heavy ring having the diameter of the cylinder, 
whereupon its inside form will be proper for the contour of the 
hub on which rings are to be chucked for turning the outside; 
this ring when placed on the hub will leave a space near the 
points into which type metal may be cast. The lathe man 
will then simply dog the ring down on to the hub and turn the 
outside to the required diameter. 

The pressure per square inch of a ring is independent of the 
width of the ring, which should be just wide enough to prevent 
leakage. Unfortimately there is no information as to the width 
required for this purpose. 

A single ring of this type must have a tongue across the joint 
where the ends come together. If there are two rings with the 
openings diametrically opposite no tongue will be required. It 
is customary and advisable to use two or more sets of pairs of 
rings for a piston; such rings may be narrower than if only one 
set is used. 

Strength of Rings. — In order to compute the stress in a ring 
we may combine the equation for bending moment at 180 de- 
grees with the usual equation for bending of a beam. In Fig. 3 
the moment at B is 

pr^ (i — cos d) ; 

where 6 becomes 180 degrees at the middle of the circumferential 
length of the ring. Therefore, 

/^2(i~cosi8o°) ^M^f-^f ^' 



y -^ 12 X H 

Here/ is the working stress of selected cast-iron and may safely 
be 8000 pounds. / is the moment of inertia and h the maximum 
thickness of the ring at the middle of its length. The moment 
of inertia for a ring one inch wide is 

— 9 
12 
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which may be used in this calculation whatever the actual width 
since both pressures against the cylinder and stress in the ring 
are independent of the width. The distance of the most 
strained fiber is of course y = ih. 
The proper thickness of the ring is therefore 



The external radius po of the ring when free comes from the 
equation 

I I _ 24 pr^ 

r pq'~ Eh 

When the ring is free the internal radius will be 

/ = po- 0.794^1. 
The length of the space to be cut at the points will be 

2 TTpo — 2 TT. 

Example. — A spring ring to give a pressure of 3^ poimds per 
square inch in a cylinder 21 inches in diameter should have a 
maximimi thickness of 

i/ P 21. /12 X3.S .. , 

,,=.,y,,^=_Y/___=.o.76mch. 

From the equation connecting r and po we have 

I I 24 X 3»5 X (21)^ 

= . \., ^ = 0.00124, 

r pQ 17,000,000 X (0.76)' X 2^ 

where E = 17,000,000. 

Therefore po = 10.82 inches. 

The width between points when free is 

2 TT (10.82 — 10.5) = 2.1 inches. 

It is important that a spring ring shall not break when forced 
over the outside of the piston and sprung into its groove. The 
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discussion given here does not furnish means of determining the 
stress that may be set up in the ring if its points are pulled or 
wedged open, but that stress is liable to be much more than 
the proper working stress. It is therefore recommended (and is 
convenient) to have a conical fitting made that may be placed 
on the piston, and over which the ring may be forced. The big 
end will have the diameter of the piston (which is smaller than 
the cylinder) and the little end will be smaller than the internal 
diameter of the ring when free. The stress due to forcing the 
ring over this conical fitting will be nearly uniform, and will be 
nearly proportional to the amount the points are forced apart. 
The internal perimeter (free) will be 2 tit' and when forced over 
the piston something less than 2 tt , where r' is the internal radius 
of the spring and r is the radius of the cylinder. The separation 
of the points is therefore less than 

Example, — In the case chosen the internal radius is 
/ = PQ — 0.794/1 = 10.82 — 0.794 X 0.76 = 10.21. 

Consequently the separation of the points when forced over the 
piston is 

2 7r(io.s — 10.21) = 1.9, 

so that there is in this case no danger of breaking. 

For marine engines provision is commonly made for remov- 
ing the spring rings without taking out the piston, and in 
such case the rings are not passed over the piston when put 
in place. 

In any case the rings if subject to considerable stress in ser- 
vice may be broken by crude methods of forcing them into 
the cylinder. If there is danger of breaking they may be col- 
lapsed by winding a wire or steel tape around them and draw- 
ing it taut. 
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Spring Ring of Constant Thickness. — In the discussion of 
spring rings so far as the derivation of the equation 

I 1 _^ 24 pr^ sin^ I d 

it is not necessary to place any restriction on the initial radius po 
and the thickness t; we may therefore apply the discussion to 
rings with constant thickness by making t constant, in which 
case the initial radius po must be a variable. 
Writing 

I I _ 24 pr^ sin^ 1 6 
'r^p' Efi ' 

we may solve for p having 

Efir 
p = 



Et^-24pr^sin^ie 

If t is made a certain fraction » of r we shall have 

n^Er 



p = 



n^E- 24/>sin4d 



As a special case make n = 0.04 and for steel take E 
30,000,000, then approximately 

80 r 



p = 



&o-psin^y 



The table on the opposite page gives the values of p for 
various angles, and for the two pressures 3J pounds and 14 
pounds per square inch by this special equation. Other ratios 
of / to r will give somewhat different results in such a table 
of proportions. 

To get an approximate outline of this form of ring before it is 
sprung into the cylinder, in Fig. 5, take for the center of a circle 
having the radius r and divide the semi-circumference into an 
equal niunber of parts (six in the given example). Starting at 
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SPRING RING OF UNIFORM THICKNESS. 



Angles. 


3* potrnds. 


14 pounds. 


0° 


I. 000 r 


1.006 r 


¥"1 


1.003 


1. 01 1 


60** 


1. 012 


1.047 


K 


1. 021 


1.096 


120** 


1.033 


1.152 


^K 


1.042 


1. 195 


i8o« 


I 045 


1. 214 



the middle a, draw the circular arc abi with the value which p 
has at 180 degrees and make abi equal to ab; then join bi to the 
center from which the arc 
abi was drawn. With the 
radius p at 120 degrees draw 
the arc biCi equal to be (equal 
to ab) from a center 02 on the 
line biOi and join Ci with 02, 
Proceed in this way imtil 
half the ring is completed. 
Fig. s is drawn for a pres- 
sure of 14 pounds per square 
inch and with large angular 
intervals for sake of clear- 
ness. The actual construction should be made with great care 
to full size. 

The stress at the middle of the ring may be calculated by the 
equation 

as deduced in the preceding section for rings of variable thick- 
ness because the bending moment depends on the loading 
which is taken to be uniform for both types of rings. 




Fig. 5. 
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Example. — Taking the thickness to be 0.04 of the radius of 
the cylinder we shall have for a cylinder 21 inches in diameter 

t = 0.04 X ^ X 21 = 0.42 inch. 

If the pressure of the ring is 3.5 pounds per square inch the 
stress will be 

pr^ 12X35 , 

^="7- = "(^:^ = ^''~^' 

which must be considered high for any but special high-grade 
steel. 

Remarks. — It should be borne in mind that a packing ring 
is essentially a spring and its properties depend on its propor- 
tions, the loading, the working stress and its modulus of elas- 
ticity, as expressed by the equations, 

/=I2-, 

I I ^ 24 ^r^ 
r"^~ Eh' ' 

for a ring with variable thickness. 

In the first place we note that the stress is inversely propor- 
tional to the thickness so that if a ring breaks or is liable to break 
it must be made thicker, but that this must be associated with 
a reduction in the radius po of the ring when free as is shown by 
considering the second equation; because a larger value of t 
in the denominator makes the right-hand member smaller and 
therefore po differs less from r, the radius of the cylinder. The 
effect of varying t is important because it enters the equations 
as the square or the cube. If the thickness is increased without 
changing po then the pressure p will increase as the cube of t so 
that the stress will increase rapidly with the thickness; there- 
fore a neglect of po will increase the load and the Kability to 
fracture. 
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Again from the second equation it is evident that the pressure, 
and therefore the load and stress for a ring of given dimensions, 
increases directly with the modulus of elasticity. This will 
appear natural if we consider that this modulus indicates stiflf- 
ness. If then we substitute a steel for a cast-iron ring and wish 
the same pressure we must increase the thickness and decrease 
the radius po of the free ring as an offset. 

This extended discussion is justified only by the fact that the 
construction of spring rings does not appear to be well under- 
stood even though they are extensively used. 

Buckley Packing. — The Buckley packing is a spring ring 
which depends on the elasticity of a spiral coil for producing 
pressure on the cylinder walls. This ring is made by winding a 
wire of proper size to make a straight helix; this helix is now 
flattened sideways so that transversely it has an elliptic or oval 
form; a proper length of this flattened helix when bent into a 
circle with its ends butted together may have a slightly larger 
diameter than the packing ring behind which it is to lie. When 
forced into place it will tend to expand to a larger circumference 
and so will exert a radial pressure. 

Suppose that the diameters of this coiled ring are di and (k 
when free and when forced into place, then the decrease in cir- 
cumference will be 

Tr{di—(h). 

Before the coil is bent into a circle, let it be hung up by one 
end and loaded at the other until it has extended an amount 
equal to the decrease just noted. Then the pull will be nearly 
equal to the circimiferential force which it will exert when in 
place. Let this force be represented by F in pounds, and let p 
be the pressure of the packing ring against the side of the cylin- 
der, while w is the width of the ring and r is the radius of the 

cylinder, then 

F = pwr, 
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F 

or p — — • 

wr 

Should the pressure be excessive the length of the coil may be 
reduced. 

The Buckley packing, like other spring rings, has the advan- 
tage that the pressure, of the packing is independent of the 
alinement of the piston in the cylinder, and it is therefore a 
free or floating ring. 

Piston-Rod. — The piston-rod is computed as a short strut 
using a moderate compressive stress in the body of the rod and 
also for tension at the root of the screw-thread where the rod is 
fastened to the piston or to the cross-head. For the preliminary 
calculation we may use the apparent-effective-pressures on 
page i6 as applied to the several pistons. If /. is the compres- 
sive stress, p the steam pressure and d and D the diameters of 
the rod and the piston, then 

p'^D'^fAd^ 
4 ^ 

or d = —7=.Vp ^ —Vp. 

The factor F varies from 44 to 56, corresponding to apparent 
stresses of from 1900 to 3100 pounds. The tensile stress on the 
section at the root of the screw-thread may be twice the compres- 
sive stress. This leads to a simple rule to determine the mini- 
mum section at that place, namely, the least section of the rod 
may be half the area of the section of the body of the rod. With 
this area the proper diameter over the threads may be taken from 
a table of standard screw-threads. The neck of the rod where 
it passes through the piston or the cross-head may be made a 
trifle larger, so that the threaded part may pass through freely. 
When the working drawings of piston and cross-head are made 
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the diameters of the neck and the threaded portion may be in- 
creased if convenient. 

Computing for the low-pressure piston, which has a diameter 
of 72 inches, we may take for the effective pressure from page 16 

24.7 — 4 = 20.7 pounds. 

If the factor from consideration of stress is 48 then we have 
for diameter of the piston-rod 

d = ^^207 = 6.825. 
48 

We will use for the diameter 6| inches. The apparent stress 
will be nearly 48^ = 2300 pounds per square inch. 

The area of the section of the rod with a diameter of 6| inches 
is 37.1 inches, half of which (18.55) will correspond to a diameter 
of 4.86 inches at the bottom of the threads. We may use a 
diameter of 5^ inches over the threads which gives an area of 
19.27 inches at the bottom of the thread. 

There are three ways of forming the neck of the piston-rod. 
It. may be of uniform diameter with a shoulder where it bears 
against the piston; it may have a taper of about one in eight, 
together with a shoulder; or it may have a taper of about one 
in four, until the diameter at the screwed portion is reached, 
and then have a constant diameter, with no shoulder. When 
the rod has a shoulder the corner has a fillet to avoid localiza- 
tion of stress at that place. 

The bearing area of the shoulder is the difference of the areas 
of the sections through the body and through the neck at the 
shoulder; thus, if the neck has a uniform diameter of 5! inches 
and the body has a diameter of 6| inches, the bearing area is 

37.12 — 25.97 = 8.85 square inches. 

The bearing pressure may be found by multiplying the area of 
the piston by the apparent pressure, and dividing by the bear- 
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ing area. Taking the diameter of the low-pressure piston as 
72 inches, the corresponding area is 4071 square inches, and the 
bearing pressure is 

4071 X 20.7 

20.7 being the effective pressure on the low-pressure cylinder. 

When the neck has a taper the bearing pressure will be much 
greater and may appear to be excessive even when practice shows 
that there is little danger of failure. The reason is that the 
metal of the shoulder and its bearing on the piston are well 
supported so that there is not likely to be any flow even though 
the limit of elasticity should be exceeded. Nevertheless a mod- 
erate bearing pressure of not more than 20,000 pounds per 
square inch is to be preferred. When the neck has a short taper 
(one to four) the bearing area may be taken to be the projection 
of the conical surface on a plane perpendicular to the axis of the 
rod; the computed bearing area is thus the same as the area of 
the shoulder for a rod which has a neck of imiform diameter. 
The fit of the fillet against its bearing should be good enough so 
that no reduction of bearing area need be made on account of 
it. Sometimes the conical area of a neck having a long taper 
(one to eight) is treated in the same Way and counted as addi- 
tional bearing area, but it is difficult to get a satisfactory fit at 
both the taper and the shoulder. 

The bearing surface at the cross-head, where the piston-rod 
passes through it, is dealt with in the same way; should the pres- 
sure be considered to be excessive, the rod can be swelled at the 
shoulder to give more area. K the same method is applied to the 
piston end of the rod, the stuffing-box must be made separable 
and divided to allow for the insertion of the rod into the cylinder; 
the packing rings and follower must also be made in halves. 

Cross-head Surface. — The guides of large marine engines are 
conunonly cooled by water circulated inside of them; but whether 
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the guides are cooled or not, the heat generated by the friction of 
the cross-head in its guides is dissipated mainly by the guides, 
and the cross-head must have ample surface so that the heat may 
be transmitted to the guides. The pressure allowed per gross 
bearing area is from 50 to 80 pounds per square inch. The guides 
are usually made of cast-iron, and the bearing surface of the 
cross-head is usually white metal. Both bearing surfaces may 
have shallow grooves planed in them to aid lubrication; those 
for the cross-head may be transverse and two diagonal sets of 
grooves may be planed in the guides, dividing the surface into 
a checkered pattern. The net area may be one-fifth less than 
the gross area. 

The force transmitted from the piston may be obtained by 
multiplying its area by the apparent-eflFective-pressure. For the 
low-pressure piston of our typical problem the force is 

4071 X 20.7 = 84,270 pounds, 

obtained by multiplying the area of the piston by the effective 
pressure. 

This force is now to be resolved along the connecting-rod and 
perpendicular to the guides, when the crank is at 90 degrees, as 
shown in Fig. 5a. 




Fig. 5fl. 



From similarity of triangles the force applied to the guides 
may be found by the proportion 

ac : be ::/ :/i. 
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But since ac is the base of a right triangle 
ac = \/{aby - {bc)\ 

in which ab is the length of the connecting-rod and be is the length 
of the crank. Solving the proportion for the force on the guides 






^(t)'-' 



or if » is the ratio of the connecting-rod to the crank 

A ratio of 4^ of connecting-rod to crank gives for the value of 
the radical 

V(4.s)2 - I = 4.39. 

The diameter of the low-pressure piston is 72 inches and its 
area is 4071 square inches and the effective pressure is 20.7 pounds 
so that 

/ = 20.7 X 4071 = 84,270 pounds, 

and the pressure on the guides will be 

84,270 -^ 4.39 = 19,200. 

If the allowable pressure per square inch is taken as 50 pounds 
the bearing surface of the cross-head will be 

19,200 4- 50 = 384 square inches. 

The proportion of length and breadth will be determined by 
the draughtsman; should he find that 24 inches is a convenient 
length then the breadth will be 16 inches. The ratio of length 
to breadth may vary from i§ to i|. If a slipper guide is used 
the area for backing will be from one-half to two-thirds that for 
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forward motion, but there is little liability to heating when back- 
ing during maneuvering the ship. 

Wrist-Pin. — The dimensions of the wrist-pin are determined 
to avoid excessive pressure and to give proper strength. The 
bearing pressure is taken as the basis for the preliminary design; 
the calculation of stress may be reserved for the complete design 
at the discretion of the draughtsman, but as it is not difficult 
the calculation for stress is advisable at this stage; a recalcula- 
tion will be required in the final computation. 

The bearing pressure should not exceed 1000 pounds per 
square inch, and may well be restricted to 750 pounds when 
convenient. A good method is to make the diameter of the 
wrist-pin equal to that of the piston-rod, and let its length be 
equal to the diameter or somewhat greater; the length should 
in no case be more than ij the diameter. K necessary the 
diameter may be made greater than that of the piston-rod. 

The force transmitted by the piston-rod as already computed 
for the present problem is 84,270 pounds. Half of this will be 
borne by the pin at one side giving 

i X 84,270 = 42,13s pounds. 

With a bearing pressure of 750 poimds per square inch the 
area will be 

42,135 -T- 750 = 56.2 square inches. 

If the diameter of the pin is made 6| inches like that of the 
piston-rod the length may be made 

56.2 4- 6| = 8| inches. 

It is to be noted that the bearing area of the wrist-pin is con- 
ventionally computed by multiplying together the length and 
the diameter. This method is used for all roimd surfaces and 
whatever the relation may be between the assumed and real 
bearing pressures no inconvenience arises because the assigned 
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bearing pressure is derived by using the same convention for 
known satisfactory conditions. 

If the force applied to the wrist-pin is treated as a uniformly 
distributed load the stress due to bending will apparently be 

My ^ 42,135 X 8i X ^ X 6| X I 

6 4 

= 5480 pounds per square inch. 

Strictly an allowance should be made for the effect of the 
angle of the connecting-rod, but as it does not exceed three per 
cent it is not important. 

Connecting-Rod. — From Fig. $«, page 35, it is evident that 
the force acting along the connecting-rod is greater than the 
force along the piston-rod in the ratio 

ab ab n 

where n is the ratio of the connecting-rod to the crank. Since 
the connecting-rod is seldom less than four times as long as the 
crank the value of this ratio is seldom greater than 

4 



Va.^-1 



= 1.03. 



It will therefore be 3ufficient to give the small end of the con- 
necting-rod a diameter equal to that of the piston-rod. Some- 
times the piston-rod is made the larger to allow for turning off 
when worn or scored. 

Toward the large end of the connecting-rod there is consider- 
able increase of stress due to the cross-throw or slatting of that 
rod; to allow for this the diameter may be increased by one-sixth 
to one-eighth. The sufficiency of such allowance can be deter- 
mined only by an involved calculation to be given later. 
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Example. — A diameter of 6| inches having been chosen for 
a piston-rod, the same diameter may be given to the small end of 
the connecting-rod; adding one-eighth of the diameter will give 
a diameter of about 7! inches. 

Connecting-rods are commonly bored through the longitudinal 
axis to reduce the weight, for high-speed engines. In such case 
the bore-hole at the forked end should be as small as possible; 
beyond the fork it may be increased as judged proper. The 
reason for this restriction is that a large hole into the fork is 
likely to lead to weakness at that point. It is customary to 
make the effective area of the section of the connecting-rod near 
the fork (but where the hole has full size), the same as would 
be assigned to a solid rod. But as the diameter assigned is to 
provide both for stiffness and strength a hollow rod may safely 
be smaller than this rule provides. 

The rule to increase the diameter by one-sixth or one-eighth 
at the big end is likely to give an inconvenient size to a hollow 
rod. It will probably be sufficient to increase the effective area 
by one-third to one-fourth. The final criterion must be the cal- 
culation for actual stress including cross-throw. 

To give an idea of the effect of boring the connecting-rod let it 
be noted that if a hollow rod with a 4-inch hole be substituted 
for a solid rod 6| inches in diameter at the small end, the diam- 
eter to give equal effective area will be 8 inches; if the hole is 
3 inches in diameter the rod should be 7^ inches at the small 
end. 

Main Shaft. — The main shaft is subjected to twisting and 
bending and can have its strength computed only after the main 
dimensions have been assigned. Such a calculation is not profit- 
able until we come to the complete computation. 

Merchant ships are always classified for insurance and for 
government inspection and the diameters of the shafts must be 
at least as large as required by classification rules unless special 
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arrangements are made. Preliminary assignments for naval en- 
gines can be made by comparison with engines previously built 
using the theory of similitude when necessary. 

As a check on such methods we may make a computation as 
though the main shaft were subjected to torsion only using a 
low apparent stress. The following stresses may be assigned 
for this purpose: 

/< = 3000 to 4000 for mercantile engines. 
/< = 4000 to 5000 for naval vessels, 
/i = 7000 to 9000 for torpedo boats. 

The indicated horse-power for this purpose may be multiplied 
by 0.9 to find the shaft horse-power. K Af , is the turning moment 
in foot-pounds and N the number of revolutions per minute, then 
the corresponding work in foot-pounds is 

SO that 

2irNMt = 0.9 X 33,000 1.H.P. 

But for the calculation of stress the moment should be in inch- 
pounds so that the moment must be written 

1, 12 X 33,000 X 0.9 X I.H.P. 

12 M, = rz • 

2irN 

The twisting or polar moment of inertia of a round shaft is 

32' 
and the usual equation for shearing stress gives 
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Equating the two values involving Af < we have 

12 X 33>ooo X 0.9 X I.H.P. _ T^ 
2irN "•'' 16' 

^^ 12 X 33,000 X 0.9 X 16 1.H.P. 

2 X T^ f,N 



For example an engine making 75 revolutions per minute and 
developing 2500 horse-power should have a shaft diameter of 



= 6s\7 



= 14J inches. 



75 X3000 

Tunnel Shafting. — The remarks with regard to classification 
rules apply also to tunnel shafting; also the statement concern- 
ing the necessity for a complete computation for estimating the 
actual stress. 

Since the timnel shafting is subjected imder normal conditions 
to twisting only the method of the preceding section should give 
more satisfactory results when applied here. To allow for fluc- 
tuations in turning moment the apparent stress may be from 
one-fifth to one-fourth less than the allowable real working stress 
which would be used in the final calculation. For a prelim- 
inary calculation we may take ft = 8000. 

For example an engine to develop 2500 I.H.P. at 75 revolu- 
tions may have for the timnel shaft 



= 65\7 



^5°° =io§ inches. 



75 X8000 

Crank-Pin. — The crank-pin of a marine engine is commonly 
given a diameter equal to that of the main shaft; naval engines 
sometimes have a slightly larger diameter for the crank-pin. 
The length of the pin may be from eight-tenths to one and a 
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quarter times the diameter. The bearing pressure may be from 
4CX5 to 5CX5 poimds per square inch. 

These proportions have been arrived at in practice to avoid 
heating and fracture. Now that it is becoming customary to 
use continuous forced circulation of oil through engine bearings, 
cooling the oil and therefore the bearing, it appears as though 
the dimensions of crank-pins might be reduced, because both 
stress and bearing pressures are likely to be small. Bearings 
with forced lubrication are frequently designed by more or less 
arbitrary rules which involve both bearing pressure and velocity 
of rubbing. But for a given type of marine engine both of these 
conditions are likely to remain nearly constant. A type of engine 
will have the same steam-pressure and piston-speed. As will 
appear later the theory of similitude will lead to symmetrical con- 
struction so that linear dimensions will be proportional. If the 
piston areas and the bearing surfaces are proportional the bear- 
ing pressure will be the same. As for the speed of rubbing it 
will depend on the diameter and number of revolutions which 
will give a constant product for a constant piston-speed. 

A consideration of registration rules and of our calculation for 
main shaft may lead to a selection of 14J inches for the diam- 
eter. This same diameter will be taken for the crank-pin and 
the length of the pin may be made equal to the diameter. The 
bearing surface will therefore be 

14I X 14I = 203 inches. 

Our previous calculation gives for the force transmitted by 
the piston-rod 4071 pounds. The bearing pressure on the crank- 
pin is therefore 

4071 -T- 203 = 200 poimds. 

Main Bearings. — The length of the main bearings may be 
from 0.8 to I.I the diameter. The bearing pressure is limited 
to 300 to 400 poimds; it is usually well inside the lower limit. 
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One problem with a diameter of 14J inches may have a length of 
0.8 X 14J = iif inches. 

Proportions of Cranks. — There are two types of cranks that 
are used for marine engines, forged cranks and built cranks. 
The former are commonly used for Naval engines and the latter 
for merchant engines. 

When the crank, crank webs and crank shaft are forged [Fig. 
39, page 148] from one ingot the following proportions may be 
used: width of web, i.i times the diameter of the shaft, and 
thickness, 0.75 of the diameter. In special cases the thickness 
may be reduced to 0.7 or even to 0.65 of the diameter. 

For built-up cranks [Fig. 40, page 152] the thickness of the 
web may be 0.75 of the diameter of the shaft. The external 
diameter of the end of the crank web where it is bored to take 
the crank-pin or the shaft may be 1.8 the diameter of the shaft. 
The web between the pin and the shaft may be reduced to 
1.25 of the shaft diameter. 

Since the stress in the crank shaft may be due in part to lack 
of alignment, reductions of customary proportions should be 
made cautiously and only when there is reason to think that 
alignment will be maintained. 

The computations for stresses in the crank will be reserved 
for the complete computation. 

Propeller Shaft. — On account of the imknown stresses that 
may come on the propeller shaft from the weight of the propeller, 
as augmented by pitching and the blows of the sea, its diameter 
is considerably greater than that of the timnel shafting, and may 
be as large as or greater than the diameter of the main shaft. 

Thrust Shaft. — Though the thrust shaft is subjected to twist- 
ing only, its diameter at the bottom of the collars is made at 
least equal to that of the main shaft, because the deep grooves 
cut between the collars remove from the shaft that part of the 
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forging which has been well worked, leaving only inferior metal 
to take the torsion. 

Connecting-rod Bolts. — A convenient method of determin- 
ing the sizes of bolts for fastening the boxes of the connecting- 
rod at both the wrist-pin and the crank-pin ends is to make the 
imited effective area of all the bolts equal to half the section of 
the body of the rod. To allow for unequal screwing up of these 
bolts, when the boxes are assembled, the effective area may be 
increased by an eighth; there is usually an appreciable increment 
from the choosing of the actual size of the bolt to get a common 
commercial size. 

Considering a rod that is 6| inches in diameter at one end and 
7 J at the other we have for the corresponding area: 

Diameter 6J 7} 

Area 37.12 47.17 

Half area 18.56 23.59 

Plus one-eighth 20.88 26.54 

Number of bolts 4 2 

Effective areas 5 . 22 13 • 27 

Diameters 3 4J 

In this case the diameter of bolts at the lower end is slightly 
less than the area calls for. 

Connecting-rod Gudgeons. — For merchant engines the pis- 
ton-rod is habitually necked down at the lower end and passed 
through a hole in the cross-head, below which it is secured by a 
nut. The wrist-pin is machined from the cross-head forging, and 
bears in an open fork. There is a small but appreciable reduc- 
tion in height of the engine by inverting this arrangement; the 
pin is transferred to the fork of the connecting-rod and is then 
called a gudgeon, and the boxes are attached to the piston-rod. 
This construction requires that the upper cap of the gudgeon 
boxes shall be forged on to the piston-rod, which is an awkward 
construction especially for steel which is difficult to weld; the 
rod and cap may be forged from one bloom, but with some 
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difficulty and expense. The construction of a rod with a gud- 
geon and boxes on the piston-rod will be somewhat lighter 
than for an open fork, etc. 

The diameter of the gudgeon may be 1} times that of the 
piston-rod and the length may be 0.7 the length of the crank- 
pin; the bearing pressure should be limited to 1200 poimds per 
square inch. 

Example. — For a piston-rod 6f inches in diameter and a 
crank-pin 14^ inches long, the proportions just stated give for 
a gudgeon a diameter of 8| inches and a length of 10 inches. 

The force transmitted by the piston-rod for our special case 
is given as 84,270 pounds so that the bearing pressure is 

84,270 -¥ (8f X 10) = 980 pounds. 

The gudgeon is partially fixed at the ends by the jaws of the 
fork, but as the fork may not be quite rigid, we may compute 
the stress in the gudgeon on the assumption that it is a beam 
supported at the ends and uniformly loaded, limiting the stress 
to 3000 poimds. 

The usual beam formula in this case gives 

. My \Flxhd Fl 

64 

where F is the force transmitted from the piston-rod, / is the 
length of the gudgeon and d is its diameter. 

For the gudgeon having the dimensions set down above the 
stress appears to be 

4 X 84,270 X 10 

^= .(81)' =^''" 

Cross-head Bolts. — When the connecting-rod has a gudgeon 
and the boxes are attached to the piston-rod there will be but 
two bolts, each of which may have one-eighth more than one- 
fourth the area of the section of the piston-rod. 
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If the piston-rod has a diameter of 6| inches and an area of 
section of 37.12 square inches this rule will give 

4 (i + i) 37-12 = 12.94 square inches, 

for the net area which calls for a bolt 4^ inches in diameter. 

Connecting-rod Caps. — It is customary to compute the 
proper thickness of the caps for connecting-rods at this stage 
of the design from the estimated effective steam pressure; the 
computation should be repeated for the complete computation 
including the effect of dynamic forces. 

For merchant engines the boxes are commonly made of com- 
position and are held between the T-end of the rod and a flat 
steel cap. Sometimes the boxes are made of steel lined with 
white metal and in that case there is no separate cap. Sometimes 
naval engines have composition boxes without a steel cap, the 
outer part of the box being thick enough to give strength. An 
evident approximation for boxes which have a separate cap is 
to compute the thickness of the cap by the beam formula for 
uniform loading; the same calculation is applied for boxes which 
have no cap assuming the minimum thickness for the depth of 
the beam. Since a steel cap is assisted by the composition 
box, a fairly high apparent stress may be allowed, 8000 to 
10,000 pounds per square inch; smaller values will be used 
for steel boxes without a cap; the stress for a composition box 
without a cap will depend on the composition; for manganese 
bronze a working stress of 6000 pounds may be used. 

The width of a steel cap may be four-fifths of the length of the 
pin to allow for the lips on the box. Allowance must be made 
for an oil hole if one is drilled through the cap. The length of 
the cap may be taken for computation, from center to center of 
the bolts. At the crank-pin boxes the length may be made equal 
to the diameter of the pin, plus the diameter of a bolt, plus half 
an inch to two inches. At the wrist-pin the length will be equal 
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to the diameter of the connecting-rod, plus the diameter of the 
head of a bolt, plus quarter to half an inch. Exactness at this 
stage is not important as a small increase in thickness will give 
considerable increase in strength. 

The equation for bending for a beam supported at the ends 
and loaded uniformly gives 

My_ ^FlXit _3Pl' 
^ I -^^wfi 4wt^' 

where / is the length of cap between centers of bolts, / is the 
thickness and w is the width allowing for oil hole, if there is one. 
Consequently 

^ 4wf 

Example. — Taking 6| inches for the diameter of the small 
end of a connecting-rod, and 4J inches for the diameter of the 
head of a 3-inch bolt, the length between bolts may be iif 
inches. Allowing | for the oil hole the width will be 
I X 6| - t = 5.125 inches. 

The load as previously assumed is 84,270 poimds as trans- 
mitted by the piston-rod, half of which (42,140) will be allotted 
to each end of the wrist-pin. Consequently 



V 4 X 5.125 X 8000 ^' 

where 8000 is the working stress chosen to allow for uncertainty 
in the division of the load between the ends of the wrist-pin. 

Taking 14! for the diameter of the crank-pin and 4^ for the 
diameter of a bolt the length of the cap at the large end of the 
connecting-rod may be 20^ inches. The width will be f of 
the length of the crank-pin which is here taken equal to the 
diameter, or 

^ X i4i = 11.4 inches. 
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The load is here 84,270 pounds and the stress may be 10,000 
pounds. Consequently the thickness will be 



^ = \/ ^v''''v''"' = 3f inches. 
'^ 4 X 11.4 X 10,000 

Coimectiiig-rod Fork. — The fork of the connecting-rod is 
subjected to a direct thrust and also to a bending action, and in 
many cases which have not received proper attention the jaws 
have shown lack of strength or stiffness. Lack of stiffness is 
likely to be shown by heating of the wrist-pin at full power; our 
calculation does not consider stiffness directly, but both strength 
and stiffness will be improved by thickening the jaw at the 
jimction with the rod. It is desirable that a calculation for 
strength of the jaw shall be made as soon as the drawing is 
sufficiently advanced and before the forging is ordered, which 
may precede the complete computation. A recomputation can 
be made later if thought necessary. 

Example. — The drawing for the connecting-rod of our typical 
case shows the most unfavorable section to have the distance 
from its center of gravity to the middle of the length of the 
wrist-pin 2| inches; this is the arm of the bending moment. 
The section is approximately rectangular, the depth normal to 
the jaw being 4! inches, and the width being 7 inches. This 
section makes an angle of 40 degrees with the axis of the wrist- 
pin. The load at one end of the crank-pin may be taken as 
42,140 poimds. This load gives a thrust of 

42,140 cos 40° = 3^,250 poimds, 
and a shearing force of 

42,140 sin 40° = 27,100 pounds. 

The direct stresses are therefore 

compression/, = 32,250 -5- (4J X 7) = 970, 
shear/. = 27,100 -i- (4! X 7) = 815. 
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The bending stress is 

My Fdy 42,140 X 2| X 4! -^ 2 

where d is the arm of the bending moment. The bending stress 
in compression may be added to the compression as already 
computed, giving 

/c = 970 + 4200 = 5170. 

Using Grashof 's formula for combination of direct stress with 

shearing stress we have 

/=f/c + fV// + 4/.*-.532S. 

The complete computation given later shows the maximmn 
stress to be in compression. 

Shaft-Couplings. — If the shearing strength of the flange which 
is forged on to the shaft is to be just equal to the twisting strength 
of the shaft, then, since the shearing area of the flange is irDt 
and its distance from the axis is ^ Z7, the thickness would be 
determined by the equation 



:. t = \D. 

The flanges are made somewhat more than twice this thickness, 

namely, 

/ = 0.25 Z? to 0.3 Z?. 

Hollow shafts may be given thinner flanges computed for equal 
shearing stress by the equation 

or, as before, allowing somewhat more than twice this thickness, 

£>* - A* . D^ - Do* 
t = 0.2s— ^i — to 0.3 —^ 



so 
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Coupling Bolts. — If the coupling bolts are assumed to have 
the same shearing strength as the shaft, the diameter of one bolt 
may be determined by equating the shearing moment of all the 
bolts to the twisting moment of the shaft as follows, using S for 
the distance of the center of the bolt from the center of the 
shaft, and N for the number of bolts: 

f —D^ 



.y/' 



4NS 



The corresponding equation for a hoUow shaft becomes 
The following table gives the customary number of bolts: 



Diameter of shaft 


Number of bolts 


10 -12 inches 

12 -14 *' 

14-ISJ " 
ISl-17 " 

17 -18 " 


6 
8 

9 
10 
12 



For example, if a shaft 14J inches in diameter with the bolts 
10 inches from the center has 9 bolts, the diameter of a bolt will 
be 2.9 inches. 

Main-bearing Bolts. — The distribution of the thrust and pull 
on the main-bearing bolts is affected by the alignment of the 
engine and the adjustment of the bearings. Consequently it is 
recommended that the load assigned to any given bolt shall be 
larger than would be found by dividing the total effective pres- 
sure on the piston by the number of bolts. For example, if 
there are two main bearings and four bolts, the total pressure 
may be divided by 3 to find the load to be assigned to one bolt. 
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For the preliminary design it will be sufficient to follow the 
method used for the connecting-rod bolts, which for the case in 
hand would give for the least area of one bolt one-sixth of the 
area of the section of the body of the piston-rod. 

For example, the main-bearing bolts for an engine having a 
piston-rod 6| inches in diameter should have a net area of 
6.2 square inches, which appears to call for a bolt 3J inches in 
diameter. 

Main-bearing Cap. — The thickness of the cap for a main 
bearing may be calculated by the formula for a uniformly loaded 
beam, which is supported at the ends, but with an assumed load 
larger than half the total eflfective pressure on the piston; thus, 
for two main bearings it is recommended to use two-thirds of 
the total effective pressure. The equation has the form 



-v/--;. 

^ 3 w/ 



when F' is the assumed load, / is the length and w the width of the 
cap, while / is the assumed working stress. Allowance for oil 
holes must be made when necessary. The width allowing for 
the oil hole may be assumed to be 0.75 of the length of the main 
bearing, and the length from center to center of the bolts may 
be assumed to be 1.8 of the diameter of the shaft. 

The stress may be taken to be 3000 pounds for cast iron and 
9000 for mild steel or cast steel. Cast-steel caps may have a 
channel section over the shaft, and in that case the stress may 
be assumed to be 6000 pounds. 

Cylinder Ports, Pipes and Passages. — The areas of pipes 
and passages through which steam flows are determined from 
conventional steam speeds that are computed as though a vol- 
ume of steam equal to the piston displacement flowed through 
the pipe or passage at uniform velocity during the stroke of the 
engine. 
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For example, if an engine having a piston 21 inches in diam- 
eter, and a stroke of 42 inches, makes 86 revolutions per minute, 
and if the steam pipe has a diameter of 6 inches, the steam speed 
may be computed as follows: The piston diameter is if feet^ 
and the corresponding area is 2.405 square feet; the stroke is 
3^ feet, so that the piston displacement is 

2.405 X 3.5 = 8.417 cubic feet. 

Since the engine makes 86 revolutions per minute, or 172 strokes 
per minute, the steam must be supplied at the rate of 

8.417 X 172 = 1447 

cubic feet per minute. A pipe 6 inches, or half a foot, in diam- 
eter will have an area of 0.1963 of a square foot, and consequently 
the steam speed must be 

1447 -4- 0.1963 = 7400 

feet per minute. And in like manner the steam speed for valves 
and passages can be computed from the dimensions of the engine. 

Conversely, if a steam speed is assumed, the area of pipes and 
passages can be determined from the dimensions and number of 
revolutions of the engine. 

If A is the area of the piston, and 5 its stroke, and if iV is the 
number of revolutions per minute, then with v for the assumed 
steam speed the area of a pipe or passage will be given by the 
equation 

2JJAS 
a = 

It would be logical to have all the quantities given in feet; but 
since the areas of pipes and passages are conveniently given in 
square inches, the equation will be correct if the letters have 
the following meanings: 
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Ay area of piston in square inches. 

a, area of pipe or passage in square inches. 

S, stroke in feet. 

N, revolutions per minute. 

V, steam speed, feet per minute. 

Far example, the area of the steam pipe for an engine having 

a diameter of 25 inches, a stroke of 48 inches and making 75 

revolutions per minute will be, with 8000 feet per minute steam 

speed, 

2 X 75 X 625 X 4 . . , 

a = — = 46.9 square mches, 

oOOO 

so that the diameter may be 7J inches, or eight inches may be 
taken if more convenient. 

This is the conventional way of dealing with the area and 
diameter of steam pipes; areas of steam passages and of ports 
leading to cylinders are dealt with in the same way except that 
the section and areas are rectangular. For a rectangular area 
or section one dimension may be given or assumed and then the 
other is determined. For example, the length of a steam port 
measured across the cylinder may be about equal to the diameter, 
more or less at the discretion of the designer; the port opening 
becomes then determined and is an element in the valve design. 

The above method may be abbreviated by making the area 
inversely proportional to the piston speed and steam speed. If 
a is the area of the pipe or passage and A the area of the piston 
then 

£ — ^ ^'^ — Piston speed 
A V steam speed 

If the piston speed is 600 feet per minute and the steam speed 
is 8000 feet per minute the ratio is 

600 I 

8000 13.3 
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Example. — Applying this method to the example just quoted 

gives a = = 46.9 square inches, 

13-3 

as previously determined. 

Handbooks give customary steam speeds and area ratios for 
various types of engines. When convenient, areas computed by 
these methods may be increased 10 or 20 per cent; if necessary 
they will be diminished. Quick running engines cannot be given 
as large pipes and passages as would be desired, and for them 
the steam speeds are increased and the area ratio diminished as 
may be necessary. 

These methods give the net areas, and allowance must be made 
for bridges or other obstructions. Thus the ports for piston 
valves are likely to have from 20 to 35 per cent of the gross area 
taken up by bridges, and double-ported slide valves may have 
10 per cent taken by bridges. 

If the steam speed for the low-pressure ports during exhaust 
is taken as 8600 feet per minute then the ratio of piston speed to 
steam speed will be 

600 i_ 

8600 14.3 

The low-pressure piston area (diameter 72 inches) is 4072 
square inches, so that this ratio gives for the area of exhaust 
ports 

4072 -^ 14.3 = 285 square inches. 

For the first trial we may take the available length of port 
across the cylinder as 66 inches, which will give a total width of 

285 -f- 66 = 4.34 inches; 

and if this is divided by two for a double-ported valve the actual 
width of port will be 2f inches. 
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Coming now to the high-pressure cylinder and choosing a 
steam speed of 5800 feet per minute the ratio is 

600 i_ 

5800 "9.7' 

so that for a diameter of 25 inches and an area of 625 square 
inches the area of the exhaust port becomes 

625 -I- 9.7 = 64.4 square inches net. 
Adding 0.25 to allow for bridges gives 

64.4 X 1.25 = 80.5 square inches. 

For sake of similarity in valve gears it will be convenient to 
adopt the width of port assigned to the low-pressure cylinder, 
namely, 2f inches. The length of port will consequently be 

80.5 -^ 2f = 33.9 inches, 

and the corresponding diameter of a piston valve will be 9f 
inches. 

Cylinder Barrels. — The cylinders of large marine engines are 
habitually fitted with liners, which are either hard cast iron or 
(less frequently) forged steel. Both barrels and liners may be 
calculated as thin hollow cylinders exposed to internal fluid 
pressure. The normal working pressure is of course the boiler 
pressure for the high-pressure cylinder, and the proper receiver 
pressure for the intermediate and low-pressure cylinders; but 
this normal pressure is likely to be exceeded if steam is admitted 
from the steam main to the intermediate receivers through a 
by-pass valve, as is sometimes done to develop extra power, and 
very high pressures may result from water in the cylinder. In 
addition, the thickness of the cylinder walls and of cast-iron 
liners must be sufficient to give sound castings; and further the 
cylinder casting must carry the pads or brackets to which the 
engine frame is bolted. 

A simple method of procedure appears to be to use a low ap- 
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parent stress for the calculation of the thickness of the high- 
pressure cylinder, and to give the same thickness to all the other 
cylinders; if the thickness does not appear to be suflGicient for 
convenience in casting, it may be increased a quarter or half an 
inch, as may seem expedient. Sometimes the intermediate and 
low-pressure cylinders are thicker than the high-pressure cylin- 
der. The cylinders for the engines of yachts and torpedo boats 
are made much thinner than for ordinary merchant engines, 
and call for greater skill from the foimdryman. The apparent 
stress for large cylinders may be taken as 2500 poimds, and for 
torpedo boat and other fast engines as high as 3500 poimds. 

A cylinder 25 inches in diameter and subjected to a pressure 
of 190 poimds above the atmosphere may have a thickness 

__ pressure X diameter __ pd 

2 X stress 2/ 

140X25 r • 1. 

= — =0.05 of an mch, 

2 X 2500 

or we may take li inches for the thickness after boring out. 

If a similar calculation is made for the intermediate and low- 
pressure cylinders, using the receiver pressure assigned on page 
14, but allowing for the atmospheric pressure outside of the 
cylinder, the computed thickness will be less than that just 
assigned to the high-pressure cylinder, and for the low-pressure 
cylinder the thickness so computed is liable to be ridiculously 
small. Some engineers make a calculation for these cylinders 
but instead of the assigned intermediate pressure take arbitrary 
pressures much in excess, to allow for possible excess of pressure 
when steam is drawn through a by-pass valve or when water 
gets into the cylinders. As there appears to be no good way 
of assigning these pressures such a method has a doubtful 
value and (at least for students) is liable to obscure the real 
nature of the problem. 
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Cylinder Liners. — When the cylinder has a liner the space 
between it and the barrel serves as a steam jacket, and must be 
supplied with steam when the engine is warmed up to avoid 
starting the joints at ends of the liner; whether steam shall be 
supplied to the jacket of a large marine engine when working 
depends on the engineer, and there is little, if any, experimental 
information as to the advantage from the use of steam in the 
jackets. Experiments on steam-jacketed engines have been 
made only on engines of relatively small power and show a 
diminishing influence as the size and power increase. 

If the jackets are not supplied with steam then the barrels carry 
the internal steam pressure and if computed by the method for 
barrels will be assigned about the same thickness. As they do 
not carry brackets or other fixtures to receive the engine frames 
they may be somewhat thinner, and further as they are smaller 
and simpler the foundryman will not demand so much thick- 
ness. In practice they are commonly but little thinner than 
the barrels to allow for boring out. Forged steel liners have been 
used to a small extent for naval engines and have been mad^ 
from 0.8 to 0.9 as thick as cast-iron liners; they are not in gen- 
eral to be recommended since there is generally no lubrication 
except by water condensed in the cylinder. 

If steam is carried in the jackets then the barrels are subjected 
to the jacket pressure which is always higher than the interme- 
diate receiver pressure supplying the cylinder, but the steam is 
habitually drawn through a reducing valve and usually is not 
much higher in pressure than would be assigned by our pre- 
liminary method of page 14. If the designer intends to have 
relatively high pressure in the jacket he must make proper 
allowance in the cylinder thickness if necessary. 

Cylinder liners are liable to be subject to compression from 
steam in the jackets both when the engine is warmed up and 
when working with steam in the jackets. A calculation for 
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stress under such condition would be made by the same equation 
as for internal pressure, the stress being a compression instead of 
tension. Since the liner is accurately formed, is short and sup- 
ported by the barrel at the ends, it will probably endure nearly 
if not quite as much compression as tension. There is, however, 
little occasion for such a calculation unless a fairly high pressure 
is carried on the low-pressure jacket. 

Cylinder Ends. — The lower end of the cylinder is liable to 
serve as a bearing for at least a part of the brackets that fasten 
the cylinder to the frame; this is especially true of the low- 
pressure cylinder where attention to this item is most important 
on account of the large diameter. The cylinder end must be 
strong and stiflf enough to serve this purpose as well as to en- 
dure the internal steam pressure. The cylinder end is commonly 
ribbed externally; sometimes it is double with ribs between; 
sometimes it is dished; the last arrangement is convenient with 
conical pistons. 

For convenience in the foimdry the thickness may be made 
equal or nearly equal to that of the barrel, and this will com- 
monly provide for strength and stiffness especially if the end is 
dished or ribbed. 

Cylinder Covers. — The theory of elasticity gives the follow- 
ing formula for a thin flat plate which is fixed at the edge and 
uniformly loaded: . — 

where r is the radius and i the thickness of the plate, both in 
inches, and p is the pressure and / is the stress, both in pounds 
per square inch. If the apparent stress is taken at 4000 pounds, 
a cylinder 25 inches in diameter and subjected to a pressure of 
190 pounds will require a thickness of 

^ 25. /2 X 190 . , 

/ = -^V ^— = 2.2 mches. 

2 ▼ 3 X 4000 
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The thickness computed in this way may serve as a guide in 
selecting the thickness for the cover, which is commonly coned, 
or ribbed, or made double. , When one of those methods of con- 
struction is used, the thickness is likely to be determined by the 
conditions required for a sound casting; for while the thickness 
of the casting is likely to be much less than that given by the 
above equation, the form of construction is certain to give much 
more strength and rigidity than a flat plate of the computed 
thickness. Very commonly the thickness of a cast-iron cover 
may be made from three-fourths to once the thickness of the 
barrel. Cast-steel covers may be somewhat thinner, but here, 
again, the thickness is controlled by conditions in the foimdry. 

There appears to be no reason why the cylinder covers cannot 
be made of a thin plate of steel, shaped to accommodate the 
piston. For example, a cylinder 25 inches in diameter and 
subjected to 190 pounds steam pressure would require, with 
a working stress of i2,ocx) pounds, a thickness of 



,.£S^_009^^^^g 
.^2 ^ 3 X 12,000 

if flat; if coned it might perhaps have the thickness reduced to 
half that amount. Should there be any question as to the fixing 
of the plate at the edge the calculation may be made for a plate 
supported at the edge using the equation ^ 

'-'vf- 

For the case computed above this equation gives 



^-5v/z44^-.8., 



6 X 12,000 

and again this is for a flat plate and the thickness could be re- 
duced to half as much if the cover is coned. 
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Valve-chest Covers. — Piston valves may have the covers de- 
termined by the equations used for the cylinder covers. They 
are less likely to be ribbed or coned, but, on the other hand, the 
diameters are smaller, and in many cases the steam supply is at 
the middle of the valve, so that the covers are exposed to the 
receiver pressure only. 

The low-pressure valve is habitually a double-ported slide 
valve requiring a large rectangular valve chest which usually 
has a flat cover. This cover is ribbed to give strength and 
rigidity, and the spacing of the ribs may be determined by 
treating the cover as though it were a floor with floor beams and 
plating. The pressure used for this calculation may be taken to 
be so pounds per square inch whatever the receiver pressure 
may be, to provide for accidental pressures. 

This same method may be used to determine the spacing of 
ribs for double pistons, and for ribbed (or double) cylinder ends, 
etc. 

Column Feet and Bolts. — The cylinders are attached to the 
engine frame by feet that are cast onto the lower ends or onto 
the sides of the cylinders, or onto both. In some cases the stress 
from the steam pressure is transmitted directly, giving rise to 
tension in the feet, and sometimes the feet act like brackets 
and the stress may be both a direct stress and a bending stress. 
In any case the computed stress in the feet and the bolts should 
be low to allow for stresses due to unequal heating of the cylin- 
ders and the framing. 

Engine Framing. — At the upper end the engine framing is 
subjected to stress transmitted through the feet cast to the cyl- 
inder, and this stress is usually direct tension or compression. 
At the lower part of the framing there is a turning moment equal 
and contrary to the turning moment of the engine. 

Thrust Block. — Two calculations may be made for the thrust 
block, one to see that it has sufficient bearing surface and the 
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other that it has sufficient strength in its parts and fastenings. 
The bearing surfaces may be made to depend on the mean thrust 
of the propeller; the strength should depend on the maximum 
thrust and may be reserved for the final calculation, using con- 
ventional proportions for the initial design. 

The effective horse-power for this purpose may be assumed to 
be two-thirds of the indicated horse-power, so that the effective 
work in foot-pounds per minute may be calculated by multi- 
plying the indicated horse-power by 22,000. The speed of the 
ship in feet per minute may be foimd by multiplying the knots 
per hour by 

6080 

Consequently the mean effective thrust will be 

LH.P. X 22,000 
101.3 S 

The bearing pressure may be taken as from 40 to 50 pounds 
per square inch. If the bearing is against adjustable horse-shoe 
pieces, as is common in mercantile practice, the actual bearing 
area is but little more than half the area of the collars, so that 
the area of such collars is nearly twice the calculated bearing 
area. 

For Example. — A ship which makes 10.5 knots per hour with 
2500 indicated horse-power will have a nominal effective thrust 

2500 X 22,000 

T = = 51,700 pounds, 

101.3 X 10.5 

and will require about 1000 square inches bearing surface. 

Strength of Valve Gear. — The total weight of the valve gear 
and the reversing mechanism is small compared with the weight 
of the whole engine, and it is customary to make the gear com- 
paratively massive to avoid chance of failure. 
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Modem marine engines have ^ flat double-ported slide valve 
for the low-pressure cylinder, and all the other valves are piston 
valves which in good condition should require less work to drive 
them; consequently the dimensions of the gear are habitually 
determined for the low-pressure valve and then all the gears are 
made to the same dimensions. 

The area of the low-pressure valve is assumed to be equal to 
the product of the length by the breadth, no allowance being 
made for portions that are shielded from the vacuum imder the 
valve. The effective pressure is taken to be 30 pounds per 
square inch and the coefficient of friction is assumed to be 0.2 
to allow for accidental interruption of lubrication. No allowance 
is made for any balancing device, which may be ineffective. If 
then the length, breadth and pressure are represented by /, b 
and py the estimated force to move the valve will be 

0.2 pbl = 6 W, 

and if the stress in the smallest part of the valve spindle is as- 
sumed to be 3000 pounds per square inch, the area of the valve 
spindle will be 

6 hi hi 



a = 



3000 SCO 



All parts of the gear that are subjected to direct tension only may 
be given a collective area equal to the least area of the valve 
spindle. All parts that may be subjected to direct compression 
may have double that area, and all parts that work in shear may 
have in like manner double that area, or more if necessary to 
give a good bearing area. The link bars may be calculated as a 
beam loaded at the middle with a load equal to 

6 hi. 

Some engines which have very high rotative speeds may have 
an appreciable dynamic effect due to the motion of the valves. 
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In case it appears necessary to take account of this action, it 
vnJl be sufficient to treat the motion as harmonic, so that if w 
is the weight of the valve, if e is the eccentricity, and if the 
angular velocity is 

2irN 
a = —T—9 
60 

where N is the number of revolutions per minute, then the accel- 
erating force will have for its maximum value 



W 2 We/2irN\^ 
^ " £ V 60 / 



g g 

which accelerating force may be added to the force required to 
overcome friction. 

The weight of the valve is to be computed from the drawing or 
estimated by comparison with other engines. The low-pressure 
slide valve is usually the heaviest, and its weight can be best 
determined by computing separately the weight of simple forms 
into which it may be divided. 

Stuffing Boxes and other details can be determined from tables 
given in handbooks or from comparison with other engines. 
Metallic and other special packings will require information 
from the makers. 

Laying out the Engine. — The length of the engine will depend 
on the size and arrangements of the cylinders with their valve- 
chests, or on the total length of the main shaft with its bearings, 
flanges and allowance for the eccentrics which drive the valve 
gear. Commonly a comparison with some existing engine of 
which drawings are available will determine which of these con- 
siderations will predominate. If necessary a preliminary draw- 
ing (usually to a small scale) may be made with the desired 
arrangements of cylinders and shafting, from which the final 
arrangement can be selected and the proper correspondence of 
parts can be secured. If a liberal allowance of bearing areas 



64 MARINE ENGINES 

has been made for the crank-pins and main bearings, and if 
the shaft has a separate section for each cylinder with proper 
flanges, and if in addition allowance is made for eccentrics, it is 
likely that no trouble will be foimd in arranging the cylinders 
in the usual order, with the high-pressure cylinder forward and 
the low-pressure cylinder aft. Usually the valve chests may be 
turned forward; but if there should not appear to be sufficient 
space for the low-pressure cylinder and its valve chest in this 
order, it may have its valve chest aft instead of forward. In 
some cases one or more of the backing eccentrics may be put on 
flanges of the crankshaft to save space. 

Detennination of Weights. — After the principal dimensions 
of the engine have been determined by the preliminary calcula- 
tion, drawings of the engine can be made, and, in particular, 
those of the reciprocating parts. Details may be copied from, 
or adapted from, drawings of engines already built. 

For the more exact computation of stresses including the 
effects of dynamic action the weights of the reciprocating parts 
must now be determined. In this there is chance for judgment 
and discrimination in order that substantially correct results 
can be obtained without giving too much attention to details. 
Rectangular and cylindrical parts are of course easily computed. 
Bodies of revolution may be treated by Pappus' theorem. Ir- 
regular bodies can sometimes be replaced by simpler forms 
having approximately the same volume, or in some cases a 
planimeter or integrator can be used to advantage. 

The final test of the sufficiency of any method of calculation 
is a comparison of computed weights with the actual weights of 
the fimshed parts. Care must be taken that an accidental coin- 
cidence shall not be misleading; thus, it might happen that the 
computed and the actual weights of the combined reciprocating 
parts might show a close coincidence, while the individual parts 
might show large discrepancies. 
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The theory of mechanical sunilitude can be used to base the 
design of a new engine on that of an engine already built, as will 
be shown later, introducing such conditions and modifications 
as conditions require; for example, large engines always make 
fewer revolutions than small engines of the same general type. 
In particular that theory can be used for comparing weights of 
like parts. For example, if pistons are quite similar their weights 
are proportional to the cube of a linear dimension. If, however, 
the smaller piston is relatively thicker the theory of similitude 
may be used by making the weight proportional to the product 
of the square of the diameter and the thickness. 

Finally, if there is a systematic record of a series of engines of 
a given type at hand, it should be possible to interpolate (or ex- 
trapolate) the weights of all parts of the engine with sufficient 
exactness. 

It is customary to determine the weights of the propelling 
machinery per horse-power, and comimonly the engines and 
boilers are treated separately, but that method is not extended 
to parts of engines. 



CHAPTER n 

INDICATOR DIAGRAMS 

Approximate Indicator Diagrams. — A marine engine designer 
will have at hand diagrams from engines more or less similar to 
that for which a design is required; should he be so fortunate 
as to have diagrams from an engine differing only in size and 
speed he may use them directly for the new design; if there are 
only minor differences besides size and speed he may make 
allowances at discretion. Most commonly some systematic 
method of constructing diagrams for a new design will be re- 
quired; those in common use depend on these two assimiptions: 

(i) All expansion and compression curves will be assumed to 
be rectangular hyperbolae. 

(2) When two volumes, each having its own pressure, are put 
in commimication the resultant pressure will be computed by 
adding together the products of each volume by its own pres- 
sure, and then dividing by the sum of the volumes. If the 
pressure in a cylinder having the effective volume v^ is p^ and if 
the pressure in a receiver having the volimie v^ is pr, then after 
the valve opens communication between them the pressure in 
bothwiUbe M + M 

P = • 

^^c + ^r 

The same method may be extended to three volumes when 
put in communication. 

In the computations by this method it is not advisable to 

allow for losses of pressure, but to reserve such allowances for 

the construction of probable diagrams from these preliminary 

hypothetical diagrams. 

66 
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The computations or constructions by methods based on these 
assumptions are liable in any case to be tedious more especially 
if allowance is made for inequalities dependent on the action of 
the connecting-rod; consequently it is advisable to first carry 
through the work on the assumption of harmonic motion of the 
piston; afterwards allowance for inequality of cut-oflf, etc., may 
be made. 

The success of such a method depends on making it the basis 
of an intelligent reproduction of good practice. It will there- 
fore be most successful in the hands of a designer who has 
proper sets of actual and hypothetical diagrams from a num- 
ber of engines, and who has accustomed himself to deriving 
probable diagrams by this method. 

Various graphical processes have been used for this purpose, 
commonly with attempts at short cuts to reduce labor. It is, 
however, believed that better results with no more labor can 
be had by the analytical method which is here given. As here 
presented a large number of equations are first written down; 
they are easily derived and checked for correctness and com- 
pleteness; as they each have but few variables the reduction 
does not involve serious diflSculty. 

Three types of engines will be investigated, direct-expansion- 
compoimd, quarter-crank-compound and triple-expansion. The 
simpler types are introduced partly because of the ease of solu- 
tion in such cases and partly because combinations of them lead 
to more complex cases. The quarter-crank engine is of course 
of direct importance. 

Direct-expansion Engine. — If the two pistons of a compound 
engine move together (or in opposite directions), the diagrams 
are like those shown by Fig. 6. Steam is admitted to the 
high-pressure cylinder from a to b, cut-off occurs at 6, and be 
represents expansion to the end of the stroke; be is drawn as 
a rectangular hyperbola referred to the axes OV and OP, from 
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which a, b and c are laid off to represent absolute pressures 
and volumes, including clearances. 

At the end of the stroke release from the high-pressure cylin- 
der and admission to the low-pressure cylinder are assumed to 
take place simultaneously, so that conmiunication is opened 
from the high-pressure cylinder through the receiver space into 
the low-pressure cylinder. As a consequence the pressure falls 
from c to d, and rises from n to A in the low-pressure cylinder. 
The line CyP' is drawn at a distance from OP, which corre- 
sponds to the volume of the receiver space, and the low-pressure 
diagram is referred to O'P' and OT' as axes. 




Fig. 6. 

The communication between cylinders is maintained until 
cut-off occurs at i for the low-pressure cylinder. The lines de 
and ki represent the transfer of steam from the high-pressure 
to the low-pressure cylinder together with the expansion due to 
the increased size of the large cylinder. After the cut-off at i, 
the large cylinder is shut off from the receiver, and the steam 
in it expands to the end of the stroke. The back pressure and 
compression lines for that cylinder are not affected by com- 
pounding, and are like those of a simple engine. Meanwhile 
the smaU piston compresses steam into the receiver, as repre- 
sented by efj until compression occurs, after which compression 
into the clearance space is represented by fg. The expansion 
and compression lines ik and mn are drawn as hyperbolae re- 
ferred to the axes (XP' and 0'V\ The compression line ef is 
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drawn as an hyperbola referred to (yV and O'P', while fg is 
referred to OV and OP. 

In Fig. 6 the two diagrams are drawn with the same scales 
for volimie and pressure, and are placed so as to show to the 
eye the relations of the diagrams to each other. Fig. 6a shows 
two such diagrams reduced to the same length, but still preserv- 
ing the same scale for pressure for both dia- 
grams. The low-pressure diagram is reversed 
and placed under the high-pressure diagram 
so that the transfer hues come together; in 
the figure a little space is shown between these 
lines as is found in practice, instead of an fig. 6a. 

actual coincidence as our method assumes. 
The several events of the stroke such as cut-off and compression 
are indicated by sharp angles instead of being rounded off as when 
taken by an indicator. If the indicator were applied first to 
the high-pressure cylinder at the head end, and then to the 
crank end of the low-pressure cylinder, diagrams could be taken 
like those in Fig. 6a; in practice it is customary to use a weaker 
spring for the low-pressure diagram so that the relation of the 
diagrams is not so evident. 

When the receiver is closed by the compression of the high- 
pressure cylinder it is filled with steam with the pressure rep- 
resented by /, Fig. 6. It is assumed that the pressure in 
the receiver remains unchanged until the receiver is opened at 
the end of the stroke. If the drop from c to d in the high-pres- 
sure cylinder is considered excessive, it can be reduced by 
shortening the cut-off for the low-pressure cylinder, because 
then the points e and i come sooner and the pressure is higher, 
which raises the pressure at d. The drop can be eliminated, 
but that is not desirable in practice because some pressiure is 
required to force steam from the high-pressure cylinder through 
the receiver to the low-pressure cylinder. 
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Representing the pressure and volume by p and v and using 
the letters on Fig. 6 to identify them, with v^ for the volume of 
the receiver, we may write the following equations: 

(i) Pa = Pb = initial pressure. 

(2) pi = p^ = back pressure. 

(3) Pc = Pb^b -^ ^c 

(4) Pn = Pnfim "^ ^n- 

(5) Pd=Pk= (PcVc + PnVn + Pf^r) - (Vc + V^ + O . 

(6) Pe = Pi = /'d (^c +Vn + Vr) H- (z;^ + V< + O- 

(7) /^/ = /'•(^e +0 -^ (V/ +^). 

(8) />. = Pf^f - ^.. 

(9) /^* = Pi^i -^ ^^A. 

Here and elsewhere it is advisable to write down enough 
equations so that every point in each diagram shall have the cor- 
responding pressure represented; there results a formidable ap- 
pearance of equations, but even in complex cases the solution is 
not really difficult. Of the nine equations just written the first 
two are intended as a form to enable us to check all points 
on each diagram; the initial and final pressures are of course 
known. 

The equations (3) and (4) may be solved individually, 
giving values for p^ and pn^ Equations (5), (6) and (7) form a 
set of three simultaneous equations with three imknown quan- 
tities, which must be solved in the usual way. Afterwards we 
may compute pg and pf by the two last equations. An example 
will show the desirable processes of solution. 

Example. — Suppose that the displacement of the low-pressure 
piston is three times that of the high-pressure piston; that the 
receiver space has half the volume of the high-pressure piston 
displacement; and that the clearance for each cylinder is one- 
tenth the corresponding piston displacement. The admission 
and release are taken at the ends of the stroke; cut-off for each 
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cylinder is taken at half stroke and compression at nine-tenths 
stroke. Let the initial pressure be 65.3 pounds by the gauge or 80 
pounds absolute, and let the back pressure be 2 pounds absolute. 
For convenience we may solve as though the high-pressure 
piston-displacement were one cubic foot, because the solution 
for pressure will give the same result as though we took its 
actual value. The volumes required for the equations on page 
70 are thus 

High-pressure cylinder: 
h = 0.5 +0.1 =0.6. 

^c = ^d = I-O + 0.1 = I.I. 

V, = 0.5 + 0.1 = 0.6. 
Vf — 0.1 + 0.1 = 0.2. 

Vg = O.I. 

Low-pressure cylinder: 

VH=Vn = 3X0,1 = 0.3. 

Vi =3(0.5+0.1) = 1.8. 

^ = '^1 = 3 (i-o + o-i) = 3-3- 

^'m^ 3(0-1 -fO.l) =0.6. 

Intermediate receiver: 

Vr = 0.5. 

Though these equations should present no difficulty to the 
student, it may be well to run over those for the high-pressure 
cylinder. At cut-oflf the piston has moved half the stroke and 
developed half the piston displacement, to which is added the 
clearance, which is one-tenth the displacement; this gives for 
Vf, the volimae 0.5 + o.i = 0.6. At the end of the stroke v^ is 
equal to the piston displacement plus the clearance. The vol- 
lune for the point c is most readily evident from Fig. 6a, where 
the low-pressure piston has moved forward the distance from 
H to I and the high-pressure piston has returned from D to E 
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leaving the portion of the stroke EK. For our example this 

portion of the stroke is 

^ i-o.S»o.S, 

and adding the clearance gives 0.6. Compression occurs after 
the piston has completed nine-tenths of the retiun stroke leaving 
0.1 of the piston displacement to which is added the clearance. 
The volmnes for the low-pressiu:e cylinder are similarly formed 
except that the factor 3 is introduced because the displacement 
is three times as large. 

Introducing the known value of the volmnes into the equations 
on page 70, together with the values of the initial pressiure and 
the back pressm-e, we have 

(i) ^ = A = 80. 

(2) Pi=Pfn = 2. 

(3) pc=^ Pb^Vi-^v^^ 80X0.6 -h I.I = 43.6. 

(4) Pn = PfnVfn "M^n = 2 X 0.6 -f" O.3 = 4. 

(5) Pd^Ph = iPc'Oc+PnVn+P/Vr) "^ (^c + Vn + Vr) 

= (80 X 0.6 + 4 X 0.3 +O.S pf) -5- (0.6 + 0.3 +0.5) 

= 25.89+0.26^/. 

(6) p, = p, = p^{v^ + Vn+Vr) -^ (V.+Vi+Vr) 

= />d (i.i + 0.3 + 0.5) -^ (0.6 + 1.8 + 0.5) = 0.655 Pi. 

(7) Pf = Pe (^e + Vr) •^ {Vy + O = p, (0.6 + O.5) "5- (o.2 + O.5) 

= ^'57 Pe- 

(8) Pg = PfVf -^V.^pyX 0.2 H- O.I = 2py. 

(9) Pk = PiVi '^Vf.^piX 1.8 4- 3.3 c= 0.545 Pi. 

Of these equations (i) and (2) are entered as a convenient way 
of recording the values of the initial pressiu*e and the back 
pressure; the equations (3) and (4) may be solved separately and 
the values are therefore written down; equations (5), (6) and (7) 
give three simultaneous equations isolated as follows: 

^4 = 25.89 + 0.26^,; 

Pe =0.655 Pa] 

Pf^ ^'57P.i 
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and finally equations (8) and (9) are reserved for solution after 
values can be assigned to pf and p^. 

The simultaneous equations can most conveniently be solved 
by substitution as follows: 

p^ = 25.89 + 0.26 X 1.57 /'e 

= 25.89 + 0.26 X 1.57 X 0.655 ^j; 
p^ = 25.89 ^ (i - 0.267) = 35-3- 

Having this value of p^ we may write 

Pe = 0.655 X 35-3 = 23.2 = pi\ 

pf = 0.655 X 35.3 X 1.57 = 36.5- 

We may now solve equations (8) and (9). 

/^^ = 2/^7 = 2X36.5 = 73, 

Pk = 0.54s />,. = 0.54s X 23.2 ^ 12.6. 

This solution will be foimd a convenient form for all the dia- 
grams to be discussed later. 

Having the solution for all the pressure, diagrams like Fig. 6 
may be drawn to scale, or the two diagrams may be drawn 
separately using convenient scales for pressures. This matter 
will be considered more at length in connection with the dia- 
grams for triple engines. Commonly the high-pressure diagram 
may be drawn with a scale of 60 poimds to the inch and the low- 
pressure diagram with 20 pounds to the inch. It will be con- 
venient to use coordinate paper for this purpose and to make 
the diagrams five inches long. 

Having the h)T>othetical diagrams the probable diagrams may 
be drawn by hand, making allowances for loss of pressure from 
boiler to engine, from cylinder to cylinder and from engine to 
condenser and for the influence of the connecting-rod. The 
mean-effective-pressure may then be found by aid of the planim- 
eter or by taking the mean height of the diagram. But since 
this work has purposely been abbreviated by neglecting the 
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effect of release before the end of the stroke, it will not be profit- 
able to go through the details of making such allowances, but 
rather they will be treated in connection with the triple engine. 

The areas of the probable diagrams will be less than those 
which are drawn with computed pressures. The ratio of the 
areas should be in the hands of the designer to aid him in con- 
structing the probable diagrams. 

Cross-compound Engine. — A two-cylinder compoimd engine 
with cranks at right angles is frequently called a cross-compound 
engine. Unless a large receiver is placed between the cylinders 
the pressure in the receiver will vary widely. 

In Fig. 7 the diagrams are laid off from the axes with a space 




' Fig. 7. 

between to represent the receiver as in the direct-expansion 
engine, and the pressures and volumes are to the same scales for 
the two diagrams. For sake of simplicity the release and ad- 
mission are taken at the ends of the stroke. 

The admission and expansion of steam from the high-pressure 
cylinder are represented by ab and be. At c release occurs, 
putting the small cylinder in commimication with the receiver, 
which is then open to the large cylinder. There is a drop at cd 
and a corresponding rise of pressure mn on the large piston 
which is then at half -stroke; it is assumed that pressures at d 
and n are identical. From d to e the steam is transferred from 
the small cylinder to the large cylinder, and the pressure falls 
because the voliune increases; no is the corresponding line on 
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the low-pressure diagram. The cut-oflf at o for the large cylin- 
der interrupts this transfer, and steam is then compressed by 
the small piston into the receiver with a rise of pressure as rep- 
resented by ej. The admission to the large cylinder tk occurs 
when the small piston is at the middle of its stroke, and causes 
a drop jg in the small cylinder. From g to h steam is trans- 
ferred through the receiver from the small to the large cylinder; 
U represents this action in the low-pressure diagram. The 
pressure rises at first because the small piston moves rapidly, 
while the large one moves slowly until its crank gets away from 
the dead point; afterwards the pressure falls. At h compres- 
sion occurs in the small cylinder and causes the rise of pressure hi. 
For the large cylinder the line Im represents the supply of steam 
from the receiver, because it is then shut off from the high- 
pressure cylinder. The expansion, exhaust and compression in 
the large cylinder are not affected by compoimding. 

In the diagram just described the release is taken at the end 
of the stroke; should it occur before the end of the stroke, the 
rise of pressure mn^ which is a species of double admission of 
steam, comes earlier in the stroke of the low-pressure piston. 
In any case if the cut-off for the low-pressure piston comes 
before this double-admission would occur, then it prevents it 
and changes the character of both diagrams. In such cases 
the low-pressure cylinder is shut off from the receiver before 
the release from the high-pressure cylinder, which is into the 
receiver; the transfer lines ie and no do not occur; the line ej 
showing compression in the receiver begins at the beginning of 
the exhaust stroke. 

Strictly, the two parts of the diagram for the low-pressure 
cylinder, mnopq and stklmy belong to opposite ends of the cyl- 
inder, one belonging to the head end and one to the crank end. 
With harmonic motion the diagrams from the two ends are iden- 
tical, and no confusion need arise from our neglect to determine 
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which end of the large cylinder we are dealing with at any 

time. 
A ready way of finding corresponding positions of two pistons 

connected to cranks at right angles with each other is by aid of 
the diagram of Fig. 8. Let O be the center 
of the crank shaft and pRyR^q be the path 
of the crank pin. When one piston has the 
displacement py, and its crank is at ORy, 
the other crank may be 90 degrees ahead 
at ORg and the corresponding piston dis- 
placement will be px. This construction 

corresponds to our assumption of harmonic motion and gives 

the average positions very nearly. 

The pressures may be formed by the following equations: 




(i) Ph^Pa — initial pressure. 

(2) p, = pq = Back pressure. 

(3) Pc = M -^ ^c 

(4) Pt = PsVs -^ V, 



V¥J Ft — y»^» ' ^t' 

(5) Pd = Pn= [pcVc+Pn.(v„.+Vr)} ^ {v, + V^ + V,) , 

(6) Pe=Po= Pd {^c + ^m + ^r) "S" (^e+ % + O- 

(7) Pf = Pe (Ve + Vr) -^ (v^ + O- 

(8) Po-pk= {/^/(^/+^r)+M} -(^/+^< + 0. 

(9) Ph='Pl = Pg (V/ +^« +0 -^ {^h+'Ol + O. 

(10) />« = pi {vi + V,) 4- {v^ + z;,). 



(11) Pi = phVf, -T- Vi. 

(12) pj,=-poVo^Vj,, 



In the deduction of these equations we note that at release of 
the high-pressure cylinder there is in it a volimie of steam v^ 
with a pressure pc'y at the same time the low-pressure cylinder 
is open to the receiver so that the combined volumes are v^ + v^, 
the large piston being at half stroke; this gives equation (5). 
Equation (6) represents an increase of volume in the high-pressure 
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cylinder, the receiver, and the low-pressure cylinder. Equa- 
tion (7) represents a decrease of volume in the high-pressure 
cylinder and the receiver. Equation (8) represents the open- 
ing of the low-pressure clearance space to the receiver which is 
then open to the high-pressure cylinder at half stroke. Equa- 
tion (9) represents the transfer and a resultant increase of 
volume in the two cylinders and the receiver. Finally equation 
(10) represents the draught of steam with falling pressure from 
the receiver to the low-pressure cylinder. The solution of 
these equations is shown in detail on page 80. 

Example, — Suppose that the piston displacement of the low- 
pressure piston is three times that of the high-pressiure piston; 
that the receiver space is half the high-pressure piston displace- 
ment; and that the clearance for each cylinder is one- tenth of 
the corresponding piston displacement. The admission and 
release are taken at the ends of the stroke; cut-oflf for the 
high-pressure cylinder will be at half stroke and at 0.7 stroke for 
the low-pressure cylinder; compression is at 0.9 of the stroke. 
The initial pressure may be 65.3 poimds by the gauge or 80 
pounds absolute, and the back pressiure two pounds absolute. 

Taking as before unity for the high-pressure piston displace- 
ment the volumes may be written down as follows: 

% = 0.5 +0.1 =0.6. 

Vc = V^ — I.O -h O.I = I.I. 

v^ = 0.958 -h O.I = 1.058. 
Vf = Vg = 0.5 -ho.i =0.6. 

Vf^ = O.I + O.I = 0.2. 
Vi = 0.1. 

^'ife = ^« = O.I X 3 = 0.3- 
h = (o-3 + o-i) 3 = 1-2. 

Vfn=Vn= (0.5+0.1)3 = 1.8. 

^o = (0.7 + o.i) 3 = 2.4. 
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Vj, ^ (1.0 + 0.1)3 =3.3. 
V, = (o.i + o.i) 3 =• 0.6. 

Vr = 0.5. 

All the volumes except v^ and Vi are evident from inspection 
of Fig. 8; these two are readily dedudble from Figs. 9 and 10. 





Fig. 9. 



Fig. 10. 



The point e is determined by the interruption of flow of steam 
from the receiver by the cut-off at for the low-pressure cylinder. 
As shown by Fig. 9 the low-pressure crank is then at L, the piston 
displacement being ab; the low-pressure crank is here taken as 
90 degrees ahead and is at H, the piston displacement of the low- 
pressure piston being ac = 0.958 of the stroke, as may readily 
be determined by construction. Adding 0.1 for clearance gives 
1.058 for the volume as set down. Again, the point / (Fig. 7) 
is determined by the interruption of the supply of steam from 
the high-pressure cylinder to the receiver by the compression of 
the high-pressure cylinder at A, that is at 0.9 of the return 
stroke. The displacement of the piston from a is ac (Fig. 10), 
that is O.I of the stroke. The low-pressure crank is at L and 
the displacement of the low-pressure piston from d is 0.3 of the 
stroke; allowing for the clearance and using the ratio of the 
cylinder volumes gives 



'^Z = (0.3 +0.1)3 = 1-2. 
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The diagrams of Figs. 9 and 10 give no chance for confusion; 
but it is worth while to point out that if a, Fig. 11, is the begin- 
ning of the forward stroke from the head end of the cylinder 
then when the high-pressure piston 
comes to release with the crank at H, 
the low-pressure crank is at L and that 
piston has completed half the stroke 
from the head end, and the double ad- 
mission occurs at mn, Fig. 7, and fur- 
ther no represents the supply of steam 
through the receiver from the head end ^^^- ^^• 

of the high-pressxire cylinder. The transfer gh and kl may 
therefore relate to the passage of steam from the crank end of 
the high-pressure cylinder. This statement is given only to 
avoid possible confusion of thought and to emphasize the fact 
already stated on page 75, that the operations klm and nop are 
related to opposite ends of the cylinder. 

The pressure equations may now be written as follows: 

(i) A = /^a = 80. 

(2) P. = P<i = 2. 

(3) Pc = M -f- z;^ = 80 X 0.6 ^ I.I = 43.6. 

(4) Pt = M -f- 1;, = 2 X 0.6 -^ 0.3 = 4. 

(5) Pd=Pn= \pcVc+Pm{v^+Vr)} ^ (v, + V^ + V^) 

= {43.6 X i.i+(i.8+o.s)/^^}^ (1.1-1-1.8 + 0.5) 

= 14.12 -h 0.677 />^. 

(6) P.=Po = Pd (^c + ^m + ^r) -5- (^. +Vo+ O 

= Pa (i.i + 1.8 + 0.5) -5- (1.058 -h 2.4 + 0.5) 

= 0.860 Pa. 

(7) Pf = P. (^. + O - (^/ + O = P. (1-058 + 0.5) - (0.6 + 0.5) 

= 1.416 p.. 

(8) Pg^Pk^ [pf {Vf + O + Ml - {^f+^i + O 

= [Pf (0.6 -j- 0.5) -I- 4 X 0.3} ^ (0.6 + 0.3 -1-0.5) 

= 0.857 + 0.786 />,. 
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(9) Ph=Pl = Pg (Pf + Vt + ^r) "^ (^* +^1 + ^r) 

= pg (0.6 + 0.3 + 0.5) -^ (0.2 + 1.2 + 0.5) 

= 0.737/^,. 

(10) pn, = Pi (Vi + Vr) -5- {V^ + Vr) 

= /^, (1.2 +0.5) -5- (1.8 +0.5) 
= 0.739 /^^k. 

(11) Pi = />*t;;k -m;< = (0.2 -5- O.l) pj,^2 pj,. 

(12) pj, = />«?;^ -5- i^p = (2.4 -5- 3.3) />^ = 0.727 p^. 

It will be noted that equations (i) to (4) are either identities 
or else are directly soluble, and further that equations (11) and 
(12) are to be reserved for solution after the simultaneous equa- 
tions are solved. This leaves six simultaneous equations (5) to 
(10) which are most conveniently solved by continuous substi- 
tution. Thus, substitute from equation (10) in equation (5) 
giving 

Pa = 14.12 + 0.677 X o.jsgpk, 

and again in this equation from equation (9) giving 
Pa = 14.12 + 0.677 X 0.739 X 0.737 pg = 14.12 + o.^Sg pg. 
Again substituting in equation (8) from equation (7) we have 
/^y= 0.857 + 0.786 Xi.4i6/^« 
and substituting from equation (6) gives 

pg = 0.857 + 0.786 X 1. 416 X 0.860 />., 

••• pg = 0.857 + 0.957 Pd- 

We now have two equations involving p^ and pg; substituting 
in the former from the latter equation we have 

pa = 14.12 + 0.369 X 0.857 + 0.369 X 0.957 Pd- 
Pa = 22.32. 

Having this value for pa we may solve the equation for pg as 
follows: 

Pg = 0.859 + 0.957 /^d = 0.857 + 0.957 X 22.32 = 22.2. 
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The remainder of the calculation is as follows: 

p^ = 0.860 />j = 0.860 X 22.32 = 19.18. 

pf = i.4i6/>e = 1.416 X 19.18 = 27.2. 

Ph = 0.737 p, = 0-737 X 22.2 = 16.5. 

Pm = 0.739 /^A = 0.739 X 16.5 = 12.1. 

p. = 2p^ = 2 X16.S = 33-o- 

p^ = 0.727 p^ = 0.727 p, = 0.727 X 19.18 = 13.9. 

It will be recognized that the computation of pressures is 
direct and certain, and is neither difficult nor involved. By 
noting the evident relations of pressures, as shown by inspection 
of the diagram, gross errors may be avoided; minor errors are 
to be guarded against in the usual way; solving for the higher 
pressure first in the order presented minimizes the influence of 
such errors. 
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Fig. 12a. 

The diagrams are drawn to scale in Figs. 12 and 12a, using 
a scale of 80 pounds per inch for the high-pressure diagram and 
40 pounds for the low-pressure. For convenience, these diagrams 
are drawn about half the size of actual indicator diagrams, such 
diagrams being usually from four to five inches long and taken 
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with scales of 40 pounds and 20 pounds per inch for the two dia- 
grams from a compound engine. As already noted the release 
was taken at the end of the stroke for the sake of simplifying the 
computation, and it consequently does not appear worth while to 
complete the determination of probable diagrams by the method 
which will be fovmd exemplified on page 89 for a triple engine. 

Triple Engines. — For merchant ships the three-cylinder 
triple engine with cranks at 120 degrees has become standard, 
except for special purpose or for very large powers. The intro- 
duction of the steam turbine for marine propulsion tends to re- 
strict variations from this type, because it is adapted to those 
classes of ships in which variations from the type occur, such as 
express passenger ships, fast cruisers, battle-ships and torpedo- 
boats. Also combinations of engines and turbines have been 
made using the tjrpical three-cylinder triple engine. 

The usual and best arrangement has cranks following in the 
order of high-pressure, low-pressure and intermediate, because 
it gives less fluctuation of pressure in the receivers and also gives 
somewhat more power than the converse arrangement. Such 
an engine when backing will run with the order of cranks high 
pressure, intermediate and low pressure and will then yield 
quite different indicator diagrams; it may be interesting but 
hardly useful to deduce the probable diagrams for that case. 
An engine backing develops less effective power and runs less 
regularly, due in part to the difference in the diagrams and in 
part to the influence of the propeller. Double-ended ferry boats 
will have the engines run alternately in one direction and then 
in the contrary direction, and it may be profitable to study 
the diagrams for a triple engine for both directions when ap- 
plied to such boats. 

We may be justified in concentrating attention on diagrams 
for the standard t)T)e as shown by Fig. 13 which are drawn with 
convenient scales of pressure. As in previous discussions the 
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piston displacement for the high-pressure cylinder will be taken 
as unity. 

Beginning at a on the high-pressure diagram the admission is 
shown by ab and the expansion by be. The position of the cranks 
at release from the high-pressure cylinder is shown by the dia- 
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Fig. 13. 

gram in Fig. 14, and the intermediate crank is at / so that that 
piston is at about half stroke, as represented by n of the inter- 
mediate diagram. Since the cut-off is habitually longer than 
half stroke for this type of engine, the intermediate cylinder 
is then in conmiunication with the first receiver, and after re- 
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lease, steam passes from the high-pressure cylinder through the 
receiver to the intermediate cylinder. On release from the 
high-pressure cylinder at c the pressure falls in that cyUnder as 
indicated by ci and rises in the intermediate cyUnder as shown 
by no. Transfer of steam through the receiver occurs until cut- 
off for the intermediate cylinder shuts it off from the receiver; 
this transfer is shown by de on the high-pressure diagram and 
by op on the intermediate diagram. Starting from e exhaust of 
steam to the receiver is shown by ejg\ first the piston moves 
forward to the end of the stroke and then returns forcing steam 
with a slight rise of pressure, as shown by /g, into the receiver. 
As indicated by the diagram, Fig. 15, the high-pressure piston 





Fig. 14. 



Fig. 15. 



(with harmonic motion) will be at quarter stroke when the inter- 
mediate crank is at a dead point. This piston position is 
indicated by g in the high-pressure diagram. We have tacitly 
assmned admission to occur at the dead point and may now 
assume that there is a rise of pressure xl in the low-pressxire 
diagram and a corresponding fall gh in the high-pressure dia- 
gram. Both cylinders being open to the first receiver there is 
a transfer of steam from the high-pressure to the infermediate 
cylinder represented by hi and lm\ this action is characteristic 
of the order of cranks (high, low, intermediate) and gives the 
high-pressure diagram a nearly uniform exhaust line. At i the 
exhaust is closed by compression for the high-pressure cylinder 
and the diagram is closed by the compression line ik. 
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Returning to the intermediate diagram the point m indicates 
the interruption of exhaust from the high-pressure cylinder to 
the receiver, and from m to n steam is drawn from the receiver 
with a relatively rapid loss of pressure. The piston position for 
m is determined by a diagram like Fig. 16, where H is the high- 
pressure crank at compression and /is 120 degrees from it. 

As is the case for the quarter-crank compound, we have here 
a species of double admission to the intermediate cylinder. 
Also the portions Imn and opq relate to the two ends of the inter- 
mediate cylinder; but no confusion will come from this source so 
long as the motion is harmonic. 

The line pq represents the expansion of 
the intermediate cylinder, release occurring 
at q. The exhaust from the intermediate 
cylinder follows the same order as that 
already discussed for the high-pressure 
cylinder, and the supply of steam to the 
low-pressure cylinder is like that to the in- ^^* ^ ' 

termediate, and need not be stated in detail. Finally there are 
the expansion, release, exhaust and compression for the low- 
pressure cylinder which are independent of the preceding cylinder. 

The equations for pressures are given as follows; they are 
numerous but easily deduced and may be solved numerically 
without undue labor. 

Pa ^ Pb = initial pressure. Vp = vol. first receiver. 
Pc = Phi^b -^ ^c- ^R = vol. second receiver. 

I- Pd==Po = {M + Pn i^o + O } -^ i^d + Vo + V,), 

Pe^ Pp^ Pd (Pd + Vo+ O -^ (Pe + ^p + O- 
Pf ^Pei^+'Op) -^ {Vf+%)' 

Po ='Pf{^f+%) -^ (^a+O- 
n. Ph =pi= {Po('^,+^p)+Pz%} -^{V.+Vi+V,). 
Pi =Pm= Ph W + i'z + ^p) -5- iPi + ^m + %)' 
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Ph = Pi^i -5- %• 

Pn =/^m(^m+0-5-(t^«+t^p). 
P^ = Pp^P - ^«- 
m. pr=p0= {p,V,+Pa(v^+VR)\ -^(Vr+Va+VR). 
P. =Py= Pr h>r + ^« + Vr) -5- (v, + Vy + Vr). 
Pt = P. (p. + ^fi) "> (Pt + ^«). 
/^u = Pt i^t + Vr) -5- (V^ + Vr)' 

IV. /^. = {Pu(v, + vr)+P,v,} ^(v, + V, + Vr). 

Pro = Pv {% + ^ + t'fi) -5- {V^ + t^. + t^«). 

/>. = PwK -5- ^x. 

/^« = {Vm + ^^fl) -^ (^'a + 'Or). 
Ps = ^7^7 "^ ^»- 

A — Pi — back pressure. 

The pressures at c and 17 can be calculated immediately from 
the initial pressure and from the back pressure. Then it will 
be recognized that there are two individual equations for find- 
ing ^4 and p^. The sixteen remaining equations, solved as 
simultaneous equations, give the corresponding sixteen required 
pressures, some of which are used in calculating the two pres- 
sures which are determined by the two individual equations. 
These sixteen equations may be arranged in four groups related 
to the nimabered equations each of which by continuous substitu- 
tion can be reduced to a single equation; the method of reduc- 
tion of groups is most readily shown by the example on page 89. 
There consequently result four simultaneous equations which are 
readily solved, whereupon all the pressures may be computed. 

Should the cut-ofiF for the intermediate and low-pressure 
cylinders come before the release from the high-pressure and 
intermediate cylinders, then the transfers of steam represented by 
op and Py do not occur; this is unlikely to happen for marine 
engines which usually have cut-oflf at 0.6 to 0.75 of the stroke. 
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The points e and 5 of the diagrams of Fig. 13 come near the 
end of the stroke; there is no harm and a slight gain in sim- 
plicity in letting them coalesce with/ and /. The points m and 
n are likely to be very near together and m may be allowed to 
coalesce with o\ when the release and compression of the high- 
pressure cylinder are at the same fraction of the stroke they will 
actually come together. This may be seen from Figs. 14 and 
16; the first of these shows the high-pressure crank at release 
and the intermediate crank just before 90 degrees on the return 
stroke, but the corresponding volume at 0, Fig. 13, is laid off 
from the left-hand end of the diagram; the high-pressure crank 
is shown at compression for the return stroke at H, Fig. 16, and 
the intermediate crank is just before 90 degrees on the forward 
stroke; if the crank angles are the same (forward and return) 
for the high-pressure crank, so also will they be for the inter- 
mediate crank (return and forward). The fact that the lines 
Imn and npq relate to the different ends of the cylinder has 
already been pointed out repeatedly. The low-pressure diagram 
will be affected in the same way when the release and compres- 
sion of the intermediate cylinder are at the same fraction of the 
stroke. 

The diagrams may now be redrawn as shown in Fig. 17 and 
the equations for pressure may be rewritten as follows, taking 
Vr and Vr for the first and second receiver volumes. 

(i) p^ = boiler pressure. 

(2) Ph = PaK -^ \' 

(3) Pc =Pk = [pbVb + Pi {Vi + Vr)] -^ (Z^ + Vi + Vr). 

(4) Pd =Pl = Pc (^ + ^/ + Vr) ^ {V^ +Vi + Vr). 

(5) Pe = Pd {Vd + Vr) -5- (v. + Vr). 

(6) Pf =pi = [pAVe+VR)+p.V.]-^{v, + V,+ VR). 

(7) Pa = Pi = Pf (Pe + ^. + ^r) "^ (^G + ^i + ^fi)- 

(8) Pk = Pg^9 -5- ^h' 
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(14) p, =pu^ Pa {Vp 

(is) p. =M-V 

(16) p^ = p„V^ -5- V^. 

(17) P. = Pv'Vy -5- ^.. 

(18) ^„ = back pressure 



High 




Intermediate 





Fig. 17. 

In applying these equations to our typical problem the first 
step is the determination of the volumes, and for this purpose 
it is convenient to repeat the following data: 
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Ratio of cylinder and receiver volumes to the high-pressure 
piston displacement: 

Intermediate 2 . 89 

Low pressure 8 . 29 

First receiver 1.2 

Second receiver 2.7 

Clearance, per cent of piston displacement: 

High pressure 12 

Intermediate 10 

Low pressure 8 

' Events of the stroke: 

Cut-off 0.7 

Release 0.9 

Compression 0.9 

Boiler pressure, gauge 190 

Back pressure, absolute 4 

The following are the volumes in terms of the high-pressure 
piston displacements: 

v^ = 0.70 -h 0.12 = 0.82. 

Vb = Vc = 0.90 -h 0.12 = 1.02. 

v^ = 1.0-I-0.12 = 1. 12. 

^« = ^/ = 0-75 + 0.12 = 0.87. 

Vg = o.io + 0.12 = 0.22. 

v^ = 0.12. 

Vi = V, = 0.10 X 2.89 = 0.29. 

^; = ^A; = (0.44 + 0.10) 2.89 = 1.56. 

Vi = (0.70 -j- 0.10) 2.89 = 2.31. 

^m ■-* ^n = (0.90 + O.IO) 2.89 = 2.89. 

v^ = (i.o -h o.io) 2.89 = 3.18. 

^P = ^fl = (0.7s + o.io) 2.89 = 2.46. 

Vj. = (o.io + 0.10) 2.89 = 0.58. 
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^t —Vg- o,6& X 8.29 = 0.66. 

Vu ='V^ = (0.44 + 0.08) 8.29 = 4.31. 

^w = (0-70 + o-o8) 8.29 = 0.78 X 8.29 = 6.47, 
v^ = (0.90 + 0.08) X 8.29 = 8.13. 

Vy = (O.IO + 0.08) X 8.29 = 1.49. 

Vr = 1.2. Vr = 2.7. 

The greater part of the computations for volumes are evident 
at sight; thus the cut-off being at 0.7 and the clearance for 
the high-pressure cylinder being 0.12 the volume at a is 0.82. 
As for v^ which depends on admission at the beginning of the 
stroke of the intermediate cylinder as shown by Fig. 15, the 
high-pressure crank is then 120 degrees from / and the piston 
has three-quarters of a stroke to run on the return stroke. The 
same feature is foxmd in the equation for v^. To find v^ and v^ 
we may determine from a diagram like Fig. 14, that the cor- 
responding piston position is 0.44 of the stroke measured from 
the crank end. 

Having the volumes as just computed we may substitute in 
the equations as follows: 

(i) p^ =igo + 14.7 = 204.7. 

(2) Pb = 204.7 X 0.82 -5- 1.02 = 164.6. 

(3) Pc =/^* ={164.6X1.02 -}-/>,. (1.56-1- 1.2)} -5- (1.02 +1.56 

+ 1.2). 

(4) Pd = Pl = (l-02 + 1.56 + 1.2) p^ -5- (1.12 -I- 2.31 + 1.2). 

(5) p, = (1.12 + 1.2) p^ ^ (0.87 + 1.2). 

(6) p^ =/^,= {(o.87-|-i.2)/^,+ o.29/^.}-5-(o.87-ho.29-|-i.2). 

(7) Pg = Pi = (0-87 + 0-29 + 1-2) pf ^ (0.22 -I- 1.56 -h 1.2). 

(8) Ph =0.22/^^-^0.12. 

(9) Pfn = 2.31 Pi -^ 2.89. 

(10) pn=P.= {2.&9Pm + (4.31 + 2.7) ^u} 

-5- (2.89 + 4.31 + 2.7). 

(11) po =p„== (2.89 + 4.31 + 2.7) Pn -5- (3.18 + 6.47 + 2.7). 
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(12) /^p = (3.18 + 2.7) p, -5- (2.46 + 2.7). 

(13) P^ =/^, ={(2.46 + 2.7) /^p+o.66/^,K(2.46+o.66+2.7). 

(14) Pr =Pu = (2.46 + 0.66 + 2.7) p^ -5- (0.58 + 4.31 + 2.7). 
(is) a =0.58/^,-5-0.29. 

(16) p, = 6.47 /^«- 8.13. 

(17) /^, = i.4g py ^ 0.66 = 9.03. 

(18) py = 4. 

Before solving the simultaneous equations, the equations (2) 
and (17) may be solved directly giving numerical results as set 
down. The equations (8) and (16) are to be reserved and solved 
individually after the simultaneous equations are solved. 

Reducing the other equations and in a few cases interchanging 
letters they may be written: 

[3] Pc = 44.42 + 0.7301 p„. 

(4) Pd = 0.8164 />,. 

(5) P. = i.i2i/>d. 

[6] pf = 0.8772 />, -f- 0.1 229 />.. 
(7) Pg =0.7920^,. 

(9) Pm = 0.7993 /^d. 

[10] p^ = 0.2919 p^ + 0.7081 pr. 

(11) p^ = 0.8016 />n. 

(12) pj, = 1.140 po. 

[13] Pn = 0.8866 />p + 0.1134/^,. 

(14) pr ^ 0.7668 p,: 

(15) p, = 2.000 />,. 

The equations [3], [6], [10] and [13] may be selected to form a 
group of four simultaneous equations. In equation [3] substi- 
tute for p^ from equation (7). In equation [6] substitute suc- 
cessively for p^ and Pa from equations (5) and (4), and for p, 
and Pr from equaticms (15) and (14). Also in equation [10] 
substitute successively for p^ and p^ from equations (9) and (4) 
and for p^ from equation (14). Finally substitute in equation 
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[13] for />,; and for pj, and po from equations (12) and (11). 
The resulting equations are: 

I. p, = 44.42 + 0.5782 />,. 
II. pf = 0.8028 p, + 0.1885 p^, 

III. p^ = 0.1905 p^ + 0.5429 />^. 

IV. />g = 0.8104 p^ + 1.024. 

A ready solution of these equations for p^ is as follows: First, 
solve equation IV for p^ in terms of p^ giving 

Pn = (Pg- 1-024) -^ 0.8104. 

Equating this value of p^ to that given by equation III and 
solving for pg gives after reduction 

/>, = 0.2756/^, + 1.83. 

Now substitute this value in equation II, and substitute 
from that equation for pf in equation I, giving 

p, = 44.42 + 0.5782 { 0.8028 />, + 0.1885 (0.2756 />, + 1.83)}, 

which gives after reduction 

p, = 88.2. 

Solution is preferably made for the higher pressure first. 

Having this value of p^ we readily find in succession values for 
pq, pf and pn and thereafter the values of all the other pressures 
in the equations on page 91 ; finally we find from equations (8) 
and (16) the other two required pressures. Assembling the vol- 
umes and pressures we have: 
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0.66 
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0.87 
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57.6 
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31.0 
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4.31 
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This sample computation was made with a Fuller slide rule 
which would be excellent for the purpose except that its opera- 
tion is slow; in practice a 20-iiich slide rule will be found con- 
venient; a lo-inch rule will serve if used with care. 




Fig. 18. 
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Fig. 19. 




Fig. 20. 



Having the pressure computed as above, diagrams like those 
of Fig. 17 may be drawn; it will be convenient to make the indi- 
cator diagrams five inches long and to use scales of 80, 40 and 
20 pounds per inch for the high-, intermediate- and low-pressure 
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diagrams respectively. The diagrams for one typical case are 
shown by Figs. i8, 19 and 20. 

The probable diagrams are now to be sketched in by compari- 
son with actual diagrams from similar engines; and such actual 
diagrams will be most useful if superposed on diagrams like Fig. 
17, properly computed from the proportions of those engines. 
They may be five inches long exclusive of clearance. 

It is convenient to determine in advance the areas of the prob- 
able diagrams which may then be adjusted by trial to give the 
proper areas. There are two ways practicable, (i) to measure 
the area of the computed diagram and multiply it by a factor 
determined from practice, and (2) to assign the probable dis- 
tribution of power among the cylinders by comparison with 
similar engines which have had their power determined when in 
operation. The first method is liable to give a somewhat differ- 
ent power for the engine than that assigned even though the 
factors here under consideration and the factor on page 8 are 
deduced from the same engine; such discrepancy, if not large, 
need give no concern. Our present purpose is to find probable 
steam pressures for computing stresses in the members of the 
engine and determination of power is of secondary importance. 
The method of page 7 though apparently crude may be made 
to give sufficient precision provided that the factor for power 
is properly guarded. 

Suppose that for our typical problem the distribution of power 
is as follows: 

High pressure 0.329 823 I.H.P. 

Intermediate 0.336 841 *' 

Low pressure 0.335 836 * * 

1000 2500 " 

Now the indicated horse-power can be computed from the 
mean-effective-pressure by the standard equation, 

I.H.P..l^id^, 

33,000 
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where P is the mean-eflEective-pressure, L is the stroke in feet, A 
is the area of the piston in square inches and N is the number 
of revolutions per minute. Solving this equation for the mean- 
eflfective-pressure we have 

33,000 1.H.R 



P = 



2 LAN 



Again if the area of the diagram in square inches and the 
length and scale of the diagram are known the mean-effective- 
pressure is found as follows: 

_^ area X scale , 

length 

conversely the area is 

length X P 

Area = \ 

scale 

For our typical problem the areas for five-inch diagrams are 
High pressure, 5.76 square inches. 

Intermediate, 4.07 

Low pressure, 2.82 

These are the mean areas which may be used for sketching 
the diagram that would be taken from an engine which has 
harmonic motion. The middle dotted diagrams of Figs. 18, 19 
and 20 are drawn in this manner. 

The principal effect of angularity of the connecting-rod is to 
make the cut-off longer at the head end and shorter at the crank 
end; the compression and release are affected to a less degree. 
On Figs. 18, 19 and 20 the cut-off is affected in the proper man- 
ner, which is most conveniently done by construction, using a 
radius of 2.5 inches for the crank and the proper ratio of con- 
necting-rod (in this case 4I). At the same time a similar con- 
struction can be made for the release. The effect is to add to 
the area of the head-end diagram, and subtract from the crank- 
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end diagram, areas which are nearly equal; if thought worth 
while they may be equalized by trial. 

It is convenient to redraw the diagrams as in Figs. 21, 22 and 
23, showing them as they woidd usually be taken by an indi- 
cator in practice. 
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Fig. 21. 




Fig. 22. 




Fig. 23. 

Four-cylinder Triple Engine. — When the low-pressure cylinder 
of a three-cylinder triple engine becomes inconveniently large, 
either because its absolute size is inconvenient, or because the 
vertical height of the engine must be kept down, engineers 
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have resorted to the four-cylinder triple engine with two low- 
pressure cylinders. Reciprocating engines for all warships have 
conmionly been made of this type. A four-cylinder triple engine 
of this type has been considered by some engineers to give a 
better balance of moving parts than the ordinary three-cylinder 
engine. 

An evident arrangement of a four-cylinder triple engine has 
the cylinders in the order of high-pressure, intermediate, first 
low pressure, second low pressure. The high-pressure and in- 
termediate cylinder have their cranks opposite and form a 
direct-expansion engine. The two low-pressure cranks are oppo- 
site and are set at right angles to the high and intermediate 
cranks. The intermediate cylinder and the two low-pressure 
cylinders form a quarter-crank compoimd engine. If the high 
and intermediate cylinders are placed close together, the valve 
gear of one being turned forward and the other aft, and if the 
two low-pressure cylinders are similarly arranged, the engine 
will have a fair balance, especially if the connecting-rod is fairly 
long. 

An arrangement considered favorable for balancing is to put 
the low-pressure cylinders at the ends of the engine, giving the 
order of cylinders, first low pressure, high pressure, intermediate, 
second low pressure. The two forward cranks are nearly oppo- 
site as are also the two after cranks; the after cranks are nearly 
at right angles with the forward cranks; but the sequence of 
cranks is arranged with particularity as explained in Chapter 
IV. Some such arrangements have given satisfactory balance, 
but there have been disappointments. 

Equations for computing pressures for diagrams will be given 
for the first type which may be called the quarter-crank four- 
cylinder triple engine. The diagrams for an arrangement of 
low-pressure cranks that are at 90 degrees (or approximately) 
are liable to lead to complexity. 
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Pressure Equation — Quarter-crank Triple Engines. — The 

general appearance of the diagrams from an engine of this type 
are given by Fig. 24; the cylinders are in the order high, 
intermediate, first low and second low; the forward cranks 
are opposite and the after cranks are also opposite; the for- 
ward cranks are at 90 degrees from the after cranks (see 
Fig. 25). 
The equations may be written as follows: 

(i) /»a = boiler pressure, absolute. 
(2) Pi = paVa -*- »»• 

[3] Pc = iPbOh + PfVs) -^ (t!» + Pjj). 

(4) Pi = Pc {% + »«) -^ {Vi + Vs). 

[5] P<. =Pi = \Pd {Vi + Vb) + Ml -^ ("d + ». + f«). 

(6) Pf =pi= p^ (i>„ + »< + Vr) -f- {Vf + r, + Vb). 

(7) P, = P» % + "«) -^ ("» + "«)• 

(8) pK = M -*• "v 

(9) Pm = Z*!"! -^ »m- 

[10] p^~p, = \pj)^ + /.„ (d„ + »sO] ^ (»« + »« + »bO. 

(11) ^, =p, = p^ (p, + f„ + »«') -^ (». + ». + r«0. 

(12) p^ ^p„ = p, {v, + V. + »bO ^ ("r + »» + "bO- 
■ (13) Pp = ^7 ("r + »«') - ("p + "«'). 

[14] P,=Pt = \Pp (», + ^fiO + ^»J - {i>p + V. + Vb'). 

(15) ^ =Pu = Pi (»« + ^. + "bO -5- ("r + »« + »«')• 

(16) p, = /»,», -f- ».. 

(17) Pz = Pu>^u> -*- »x- 

(18) />. = :^„j;, ^ »,. 

(19) ;^» = back pressure. 

The deduction of these equations follow so closely those of 
the direct-expansion and the quarter-crank engine as to call for 
few comments. The release from the high-pressure cylinder is 
to the first receiver which is not then open to the intermediate 
cylinder. At the end of the stroke there is another drop when 
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the intermediate cylinder takes steam at the beginning of its 
stroke. Then follows a long transfer of steam represented by 
afi and ily which is interrupted by the cut-oflF of the interme- 
diate cylinder. At g the high-pressure compression begins and 
this determines the pressure in that receiver, which enters into 
the computation for the drop be. 

Coming to the passage of steam from the intermediate to the 
low-pressure cylinder there is the drop mn at release to the 
second receiver then open to the low-pressure cylinder, so that 
there is a rise in it shown by wt;. Then follows a transfer of 
steam indicated by noy and vow from the intermediate to the low- 
pressure cylinder, the mid-stroke point a corresponding to o at 
the end of the stroke. This transfer is interrupted at w by the 
low-pressure cut-oflE; from y (the corresponding point) steam is 
forced from the intermediate cylinder to the second receiver 
imtil at half stroke p steam is admitted to the low-pressure 
cylinder, causing the drop pq and the rise zt. A second transfer 
from the intermediate to the low-pressure cylinder is shown by 
qr and tu, which is interrupted by the compression at r for the 
intermediate cylinder. In these diagrams the release and com- 
pression are both at 0.9 stroke, one for forward and the other 
for return stroke; consequently the compression at r is coincident 
with release from the other end of the intermediate cylinder, 
and the point u is both the end of the transfer tu and the be- 
ginning of the double admission uv. The low-pressure cylinder 
is in communication with the second receiver continuously from 
/ to w, sometimes from one end and sometimes from the 
other. 

To exhibit the details of the solution it will be applied to the 
following example: 

Example. — Compute the pressure and construct diagrams 
for a four-cylinder triple engine, with the cylinder in the order 
high, intermediate, first low and second low; the forward cranks 
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are opposite as are also the after cranks, and the forward and 
after cranks are at right angles. 

Steam pressure, gauge 245 .c» 

Back pressure, absolute 3 . 50 

Ratios of cylinder volumes, etc.: 

Low pressure (two) to high pressure 6. 72 

Intermediate ** ** 2.57 

First receiver ** " i . 25 

Second receiver ** " 2. 50 

Events of stroke, all cylinders: 

Cut-off o. 73 

Compression and release 0.90 

Clearance: 

Per cent of piston displacement, high pressure 16 

Intermediate 14 

Low pressure 11 

The required volumes are: 

Va = 0.89. Vi = 2.24. V^ = V^ = 2.08. 

Vi, =Vc== 1.06. ^m = ^n = 2.67. Vs = 4.10. 

Va =Va = 1. 16. Vo = 2.93. Vy, = 5.64. 

V0 = 0.43. Vy = 2.78. V^ = 6.79. 

Vg = 0.26. Vp = Vq = 1.64. Vy = 1.41. 

Vh = 0.16. Vr = 0.62. Vr = 1.25. 

Vi =v, = 0.36. v^ =v, = 0.74. vr = 2.50. 
The pressure equations with slight reductions are: 

(i) p^ = 245 + 14.7 = 259.7- 

(2) pj, = o.Sgp^ -f- 1.06 = 0.8397 />«. 

[3] Pc = {1.06 pi+0,26 pg) -f- 2.57 = 0.412 spb + 0.1012 pg. 

(4) Pd = 2.31 p, ^ 2.41 = 0.9585 p,. 

[5] Pa=Pi = (2.41 p6 + 0.36 p,) 

-^ 2.77 = 0.8700 Pa + 0.1300 p,. 

(6) p0 =Pi^ 2.77 p^ -^ 3.92 = 0.7067 p^. 

(7) Pg = 1.68/^^ -^ 1.51 = i.iiipa. 
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(8) pi, = 0.26 pg 4- 0.16 = 1.625 />^, 

(9) Pm = 2.24 />, ^ 2.67. = 0.8390/^,. 

[10] pn ^Pr = {2.67P^+4.5&Pu) 

-J- 7.25 = 0.3683 p^ + 0.6316 />,. 

(11) Po = />. = 7-25 /^» -^ 9-53 = 0.7608 pn. 

(12) p^ ^p„ = 9.53 />, ^ 12.24 = 0.778s p^. 

(13) /^p = 5'^^Py -^ 4.14 = I-27S/^7- 

[14] pq ^Pt^ (4.14 /^p + 0.74/^.) 

-^ 4.88 = 0.8484 pp + 0.1517 ^.. 

(is) Pr =Pu^ 4.88 /^« ^ S-20 = 0.938s P^. 

(16) />, = 0.62 />, -^ 0.36 =l.J22p^. 

(17) />. = s.64/^«, -5- 6.79 = 0.8306 />^. 

(18) p, = I.4l/>y -5- 0.74 = 1-905 Py 

(19) /^y = 3-S = 3-S. 

Of these equations (2) and (18) are to be solved, thus obtaining 
values for p^, and p, for substitution in equations [3] and [14]. 
The equations (8) and (17) are reserved for use after the solution 
of the simultaneous equations. By substitution the simultaneous 
equations are reduced to the four following: 

I. p^ = 0.4x25 X 0.8397 />« + 0.1012 X 1. 113 X 0.7067 pa 

= 89.96 + 0.0786 p],. 
n. pa = 0.8700 X o.gsSsPc + 0.1300 X 1.722 X 0.9385 />, 
= 0.8339 />c + o.2ioi/>^. 

III. p^ = 0.3683 X 0.8390 X 0.7067 pa + 0.6316 X 0.9385 p^ 

= 0.2184 />« + 0.5928 />^. 

IV. p^ = 0.8484 X 1.275 X 0.7786 X 0.7608 />„ + 0.1012 

= 0.6406 ^n + I.OI2. 

The solution of these four equations may readily be made as 
follows: Solve equation IV for p^ in terms of p^ and equate 
to right-hand number of equation III. The resulting equation 
may be solved for p^ in terms of p^ and substituted in equation 



INDICATOR DIAGRAMS 103 

II; at the same time the value of p^ may be substituted from 
equation I, thus giving an equation in p^ only. 
The final solution gives the following values for the pressures: 

Pa = 259.7. Pj, = 108.7. Pr=Pn = IQ-SS' 

Pi, = 2I8.I. p^ = 50.42. p, = 33.63. 

Pc = 96.74. . Pn =Pr^ 30-9I- Px =.15.21. 

Pd = 92.72. Po = /^a = 23.52. P, = 6.67. 

Pa= Pi = 85.02. p^ =:p„^ 18.31. py = 3.5. 

Pfi =Pl= 60.09. /^p = 23.34. 

pg = 66.88. p^ ^ p^^ 20.81. 

This solution like the one for the three-cylinder triple engine 
was made with a Fuller slide rule and is carried to an unneces- 
sary precision. 

Having the voliunes and pressures the diagrams of Fig. 24, 
page 99, may be drawn^ and the probable diagrams sketched in. 
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FORCES AND ROTATIVE EFFECTS. 

In order to make proper computation of the strength of parts 
of a steam engine it is necessary to deal with steam forces, 
dynamic forces and rotative eflEects. A complete treatment of 

these subjects may be found in 
Prof. Gaetano Lanza's ^* Dy- 
namics of Machines"; a sim- 
ple treatment suflSdent for our 
present purpose will be given 
here. 

Steam Forces. — By the term 
steam force is meant the total 
force of the pressure of steam 
acting on the piston of a steam 
engine, found by multiplying 
the effective area of the piston 
by the pressure per square inch 
as shown on the indicator dia- 
gram. In Fig. 26 there are 
shown the indicator diagrams 
from a vertical engine in what 
may be considered as their 
normal position, together with 
a diagram representing the ac- 
tion of the crank and connecting- 
rod. The latter is constructed by choosing a center line loin a, 

convenient place and on it laying off (i) the length of the dia- 

104 




Fig. 26. 
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gram Ip to represent the stroke, (2) the center to represent 
the center of the crank, (3) the line no to represent the crank 
at the angled, and (4) the line nm to represent the connecting- 
rod. The line no is half the length of the diagram, and nm is 
formed by multiplying no by the ratio of the connecting-rod to 
the crank; the point o is laid off at a distance yo equal to nm 
from the. mid-point y, of Ip. In the figure lo is drawn at one 
side to make the diagram clear to the eye; it will be convenient 
to make the construction representing the crank and connect- 
ing-rod on the atmospheric line or the line of absolute vacuum. 

The steam pressure on the top of the piston in pomids per 
square inch is represented by ab; the total steam pressure on 
the top is found by multiplying this pressure by the area of the 
piston in square inches. In like manner the total steam pres- 
sure on the bottom is found by multiplying the back pressure ac 
(measured to the bottom-end diagram) by the effective piston 
area allowing for the area of the piston-rod. Should there be a 
tail rod, allowance for its area must l^e made in finding the effec- 
tive area of the top of the piston. The resultant steam force 
urging the piston downward is found by subtracting the bottom 
steam force from the top steam force. 

Dynamic Forces. — By a dynamic force is meant the force 
that must be applied to a moving part, like the piston of an 
engine, to impress on it the acceleration which it has at a given 
instant. The niunerical value of this force may be fomid by 
multiplying the mass of the moving part by the acceleration. 

Various methods for dealing with acceleration of the piston 
and connected parts have been devised by engineers, some 
approximate and some graphical, but by the expedient of com- 
puting tables for the usual ratios of connecting-rod to the crank 
this matter may be dealt with correctly and expeditiously. 

Acceleration of the Cross-head. — In Fig. 27 let be the 
center of the crank-shaft and hp the stroke of the cross-head. 
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At a given crank angle the displacement of the cross-head from 
the beginning of the stroke will be 

s = ha = hd + do — ob '- db. 




Fig. 27. 



Here hd is the length of the connecting-rod, do is the length of 
the crank and the other terms are 

ob = r cos 0, 

db = Vac - d)^ = Vp-r^sin^e, 



so that 



5 = / + r-r cos^- Vl^-r^sin^e. 



(i) 



It is convenient to give the crank angle in terms of the angular 
velocity a of the crank-pin, so that if t is the time required for 
the crank to pass from the dead point d to the position oc, then 

6 = at. 

Consequently the displacement of the cross-head from the 
beginning of the stroke is 



s = I + r — r cos at — V/^ — r^ sin^ at. 

The velocity v is found by differentiating with regard to t. 

ds . . or^ sin a/ cos a/ 

V = -r = arsuiat-i — ==. 

dt \/p _ fi sin2 at 



V = arsmatli -i 



"" r V/^-r^sin^a/J 
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Differentiating again to get the acceleration 



dv _ d^s 
dt^df^ 

= a^r cos od\i -\ 



^ dt dt" 



r cos od 



a = a^rlcosat + 



W-r^sin^a/J 
+ of sin a/ { — or sin a/ (p — r^ sin^ a/)"* 
+ r cos at {{P — r^ sin^ at)~^ {ar^ sin a/ cos ai)] ] 
r (cos^ at — sin^ a/) , r^ sin^ a/ cos^ a/1 
(/^-r^sitfo/)*} 



+ • 



These equations may be written as follows 
^ = r ji + - - cos^ - y Q - sin^^. [ 

1 + 



(3) 



ds 



V = -J- = arsmd. 
at 



cos^ 



r^- 






cos 2 e 



cos 9 + 



^- 



+ 



sin^ 2 ^ 



sin2^ 4 



g/-sin^. 



(4). 
(5) 

(6) 



Of the three terms in the parenthesis the first is the most 
important, the second is only a fraction of the first (about one- 
fourth for marine engines) and the third is small if not insig- 
nificant. That portion of the accelerating force which depends 
on the first term is sometimes called the primary force, and that 
part depending on the second term is called the secondary force; 
the part depending on the third term is frequently ignored. It 
is evident that the primary force is a harmonic force having 
the period of the engine, and that the secondary force is also har- 
monic but its period is half that of the engine. This treatment 
is considered important by engineers who develop the accelerat- 
ing force independently for each application, but is not necessary 
if tables like those on page 109 are used. 
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The computations for the acceleration if made for individual 
cases become very tedious but the proper calculations for ordi- 
nary ratios of connecting-rod to crank may be made and tabu- 
lated, after which the work is easy. The angular velocity has 
been taken in radians per second, but for engineering problems 
it is more convenient to deal with revolutions per minute. 
Thus: 

2Tm 
a = — -> 
60 

so that we may write, 

cos 2 B sin^ 2 6 



a 4ir^ 



^V 3600 



cos^ + 



v/©'--'» *ti~^'i 



(7) 



Vhere the right-hand member depends only on the ratio of the 

connecting-rod to the crank and on the crank angle B. 

d 
The table on page 109 gives values of — for the ordinary ratios 

ft r 

of connecting-rod and crank; should intermediate ratios occur, 

the proper tables may be made up by interpolation. The 

natural sign of the function as given by equation (7) is positive 

from o to 70 degrees and negative from 80 to 180 degrees, etc.; 

in the table, contrary signs are given because the accelerating 

force is impressed on the moving mass and is to be deducted from 

the steam force at the beginning of the down stroke, to find the 

resultant effective downward force. 

Rotative Effect. — A force at the crank-pin, acting at right 
angles to the crank, is called a rotative effect. 

The force F, Fig. 28, acting along the axis of the engine may 
be resolved into two components, one at right angles to the 
guides and the other along the connecting-rod; Which latter 
may be transferred to the crank-pin and there again resolved 
into two components, one along the crank and the other at 
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TABLE FOR ACCELERATION OF CROSS-HEAD. 

Multiply factors by ri^r. 

n = revolutions per minute. 

r = length of crank in feet. 



109 







Ratio of connecting-rod to crank. 




Crank angles. 










4 


4i 


5 


5i 





360 


— O.OI371 


—0.01340 


— O.O1316 


—0.01296 


10 


350 


—0.01338 


—0.01309 


— O.O1291 


—0.01268 


20 


340 


—0.01243 


— O.O1219 


—0.01200 


— 0.01184 ■ 


30 


330 


— O.OIO91 


—0.01075 


—0.01062 


— O.OIO51 


40 


320 


-0.00893 


-0.00886 


-0.00881 


—0.00877 


50 


310 


—0.00662 


—0.00665 


—0.00669 


—0.00672 


60 


300 


— O.OO411 


—0.00427 


-0.00439 


-0.00449 


70 


290 


— O.OO161 


—0.00185 


—0.00205 


—0.00221 


80 


280 


0.00075 


0.00044 


0.00020 


0.00000 


90 


270 


0.00283 


0.00250 


0.00224 


0.00203 


100 


260 


0.00456 


0.00425 


0.00400 


0.00381 


no 


250 


0.00589 


0.00565 


0.00545 


0.00529 


120 


240 


0.00685 


0.00670 


0.00658 


0.00648 


130 


230 


0.00749 


0.00745 


0.00741 


0.00738 


140 


220 


0.00788 


0.00794 


0.00799 


0.00804 


150 


210 


0.00808 


0.00825 


0.00837 


0.00848 


160 


200 


0.00818 


0.00842 


0.00861 


0.00877 


170 


190 


0.00822 


0.00850 


0.00869 


0.00892 


180 


180 


0.00822 


0.00853 


0.00877 


0.00897 



right angles to the crank; the last force R is the rotative effect. 
The forces F and R are the only forces which do work, and 




Fig. 28. 



(neglecting friction) the work done per second by F is equal to 
that done by R. Hence if Vp is the velocity of the piston and v^ 
is the velocity of the crank-pin, then 



Fvp = Rv, 



no 
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Now the linear velocity of the crank-pin is or feet per second, 

a being the angular velocity and r the length of the crank in 

feet; on the other hand the velocity of the cross-head and piston 

is given by equation (5), page 107. Substituting and reducing 

we have 

sin^ 



R 



= sin^. 



1 + 



V(;j-sin^^ 



(8) 



in which R is the rotative effect, F is the force at the cross-head 
and / -^ r is the ratio of the connecting-rod to the crank. The 
ratios of rotative effect to force at the cross-head for various 
ratios of connecting-rod to crank are given in the following 
table: 

TABLE FOR ROTATIVE EFFECTS. 







Ratio of connecting-rod to crank. 




Crank angles. 








4 


A\ 


5 


5* 





360 


0.000 


0.000 


0.000 


0.000 


10 


350 


0.216 


0.212 


0.208 


0.205 


20 


340 


0.423 


0.414 


0.406 


0.401 


30 


330 


0.609 


O.S97 


0.587 


O.S79 


40 


320 


0.768 


0.753 


0.742 


0.733 


50 


310 


0.891 


0.877 


0.866 


0.856 


60 


300 


0.977 


0.964 


0.953 


0.946 


70 


290 


0.022 


1. 013 


1.005 


0.999 


80 


280 


1.029 


1.024 


1.020 


1. 016 


90 


270 


1. 000 


1. 000 


1. 000 


1. 000 


100 


260 


0.941 


0.946 


0.950 


0.953 


1 10 


250 


0.857 


0.867 


0.874 


0.880 


120 


240 


0.7SS 


0.768 


0.778 


0.786 


130 


230 


0.640 


0.655 


0.666 


0.676 


140 


220 


0.518 


0.532 


0.543 


0.552 


ISO 


210 


0.391 


0.403 


0.413 


0.421 


160 


200 


0.261 


0.270 


0.278 


0.283 


170 


190 


0.131 


0.135 


0.139 


0.143 


180 


180 


0.000 


0.000 


0.000 


0.000 



Connecting-Rod. — A correct treatment of the accelerating 
forces acting on a connecting-rod takes cognizance of the fact 
that the motion varies from the wrist-pin which has a straight 
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reciprocation to the crank-pin which moves uniformly in a 
circle. But a marine connecting-rod has the weight concen- 
trated mainly at the ends and a good approximation may be 
had by assuming the entire weight so concentrated. To deter- 
mine the weights at the ends of a rod, let it be supported hori- 
zontally on knife edges, or on small steel rods, placed directly 
under the centers of the wrist-pin and crank-pin holes; one end 
may be placed on a platform scale and weighed and the other 
end may be weighed after the rod is changed end for end. Or 
the weights may be calculated by customary methods. 

The wrist-pin weight will be directly added to the weight of 
the piston, piston-rod and cross-head. The crank-pin weight 
will exert a imif orm centrifugal force on the crank-pin equal to 

— a^r = 

g 



(9) 



3600 g 

which will be taken into account for the calculation of stresses 
in the crank and crank-shaft. 

The error of the approximate method just proposed is about 
one per cent as shown by comparison by the correct method 
which considers the actual distribution of mass of the connecting- 
rod. The following table gives the distribution of weight of 
several connecting-rods of merchant and naval types. 

DISTRIBUTION OF WEIGHTS OF CONNECTING-RODS. 





Stroke, 
inches. 


Diam. 

piston-rod, 

inches. 


Total 
weight, 
pounds. 


Percentages of total weight. 


Type. 


Crank-pin 
boxes, etc. 


Wrist-pin 
boxes, etc. 


Body. 


Merchant 


42 
48 


si 
7 


2257 
3884 


0.460 
O.41S 


0.238 
0.205 


0.302 
0.380 


Naval 
/ 
— 4 


3S 
33 
30 


7l 


4124 
2718 
315s 


O.S37 
0.520 

0.519 


0.289 
0.295 
0.282 


0.174 
0.185 
0.199 



Computation of Forces. — The computation of the steam and 
dynamic forces may be conveniently arranged in tabular form 
as shown on pages 114 to 116. Crank angles beginning at the 
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top dead point are taken at intervals of 20 degrees which will 
probably suffice, but intervals of 10 degrees may readily be 
taken if preferred. At each crank angle the steam ordinates for 
the high-pressure cylinder are measured by the method shown 
on page 105 to the top-end and bottom-end diagram, and are set 
down on lines (i) and (2). From o to 180 degrees the top-end 
ordinate is the larger, but from 180 to 360 degrees the bottom- 
end ordinates are the larger. The steam forces are found by 
multiplying the ordinates by the effective piston areas; these 
for the typical problems are: 

High pressure, top 491 

bottom 453 

Intermediate, top 1419 

bottom 1381 

Low pressure, top 4072 

bottom 4034 

It is now convenient to establish the convention that weight 
and all other downward forces shall be taken as positive, and 
that all upward forces shall be negative. This convention makes 
the steam force on the bottom of a piston negative. The 
resultant steam force is therefore the algebraic sum of the top 
and bottom steam forces, as set down on line 5. 

On line 6 is given the factor for acceleration from the table on 
page 109. To find the accelerating force the factor is multiplied 
by nh and by the mass of the reciprocating parts including the 
wrist-pin weight of the connecting-rod. The weights for the 
typical problem are: 

WEIGHTS. 





xxigh pressure* 


Intermediate. 


Low pressure. 


Piston 


1000 

1230 

850 

1560 


2300 

1230 

850 

1560 


6600 


Piston-rod 


1230 


Cross-head 


870 


Wrist-pin and connecting-rod 


1560 


Sum 


4640 


S940 


10,260 
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The factors for finding the accelerating forces are: 

High pressure 75' X 2 X 4640 -5- 32.2 = 1,621,000 

Intermediate 75* X 2 X 5940 -r- 32.2 = 2,075,000 

Low pressure 75* X 2 X 10,260 -7- 32.2 = 3,590,000 

On line 7 are given the accelerating forces for the high-pressure 
cylinder. These forces have the negative sign during the first 
half of the downstroke, coming from the signs of the factors in 
the table on page 109; the sign correctly indicates that the 
accelerating force is to be subtracted from the steam force to 
find the force which is exerted by the cross-head to drive the 
engine. During the second half of the stroke the acceleration 
changes sign and becomes a retardation and the dynamic force 
is added to the steam force to find the force exerted by the 
cross-head. On the upstroke the resultant steam force is nega- 
tive (except at 360 degrees) and the positive accelerating force 
during the first half stroke is again deducted to find the result- 
ant upward force with its negative sign, according to our con- 
vention that downward forces are negative. 

The resultant forces, obtained by summing the steam, ac- 
celerating forces and weight, are set down on line 8 of the table. 
The weight acting downward is always positive; it is added 
to the steam and accelerating forces on the downstroke, and 
diminishes the total negative upward force on the upstroke. 

On line 9 is given the factor for finding the rotative effect from 
the table on page no; the resultant force multiplied by this 
factor gives the rotative effect set down on line 10. The rota- 
tive effect is always positive because the connecting-rod turns 
the crank forward both during the downstroke and the up- 
stroke; in order to make the table consistent in itself the 
rotation factor is given the negative sign for the upstroke. 
Inspection of the tables shows that the resultant force is 
negative at 180 degrees, that is at the end of the downstroke; 
at and just preceding this lower dead point the crank-shaft 
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Il8 MARINE ENGINES 

drags the connecting-rod, but there is no discrepancy in the 
rotative effect which is zero at a dead point. Though very 
unlikely for a marine engine at full power, it is possible that a 
negative rotative effect might be found at 170 or 175 degrees 
were computations made for those crank angles. 

The computations for the intermediate and low-pressure cyl- 
inders are given on pages 1x5 and 116. 

For convenience in calculating the strength of the crank and 
crank-shaft and other shafting, the rotative effects of the high 
and intermediate cylinders are assembled in the table on page 
117, and also the total rotative effects of all three cyUnders. 
For this purpose the top dead point of the low-pressure piston, 
is taken for zero; the intermediate top dead point therefore 
comes at 120 degrees and the high-pressure top dead point 
comes at 240 degrees. 

Though not strictly necessary it is convenient, and is advis- 
able for the student to draw polar diagrams of the total forces 
and rotative effects for the several cylinders as shown by Figs. 
29 to 34 to indicate variation to the eye. If desirable interme- 
diate crank angles may be interpolated. In any case gross errors 
may be detected by aid of such diagrams, but as the curves are 
not systematic, small errors cannot be discovered in this way. 

Figs. 35 and 36 show diagrams for the combined total vertical 
forces and rotative effects of all three cylinders. 

Effect of Valves and Valve Gear. — Thus far no attention has 
been given to the influence of valves and valve gear as affected 
by friction and by dynamic forces. For merchant engines at 
customary speeds of revolution the main effect is to use up 
some of the engine power in friction, which cannot conveniently 
be separated from the total friction of the engine. There is, 
however, a possibility that high-speed naval engines may be 
appreciably affected by the dynamic actions of the valves and 
their gear, especially for the low-pressure cylinder. 
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The weight of the reciprocating parts of the valve and gear 
may be considered to be made up of the weights of the valve, 
the valve spindle and attached parts, half the weight of the link 
and the weight of the link-piii end of the eccentric rod. 

The equations for acceleration and rotative effect may be 
deduced with the assumption that the eccentric rod is very long 
compared with the eccentricity, or that the motion is harmonic. 
Taking w for the weight of the valve and gear and e for the eccen- 
tricity the acceleration is 



a^ = ah cos e^y 



2Tm 



or replacing a by its value — — we have 



60 



All 
3600 



cos 6„ 



(10) 



(11) 



The ratio of the rotative effect to the force at the valve spindle 



is 



R. 



= sin e„. 



(12) 



The values for the acceleration factor and the rotative ratio 
are given in the following table: 

ACCELERATION AND ROTATIVE EFFECT. 
Valve Gears. 



Angle of eccen- 
dead point. 


Acceleration 
factor. 


Rotative effect 
factor. 


An^le of eccen- 
tnc from its 
dead point. 


Acceleration 
factor. 


Rotative 
effect 
factor. 





360 


— O.OIIO 


0.000 


100 


260 


0.0019 


0.985 


10 


350 


—0.0108 


0.174 


IIO 


250 


0.0038 


0.940 


20 


340 


—0.0103 


0.342 


120 


240 


0.0055 


0.866 


30 


330 


-0.0095 


0.500 


130 


230 


0.0071 


0.766 


40 


320 


—0.0084 


0.642 


140 


220 


0.0084 


0.642 


50 


310 


—0.0071 


0.766 


ISO 


210 


0.0095 


0.500 


60 


300 


-o.ooss 


0.866 


160 


200 


0.0103 


0.342 


70 


200 


—0.0038 


0.940 


170 


190 


0.0108 


0.174 


80 


280 


—0.0019 


0.985 


180 


180 


O.OIIO 


0.000 


90 


270 


—0.0000 


1. 000 
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The accelerating forces are found by multiplying the factor 
by the product 

g 

where w is the weight of the valve and gear, g is the accelera- 
tion due to gravity, n is the number of revolutions per minute 
and e is the eccentricity infect. The factor is negative from o to 
90 degrees, indicating that the eccentric must apply the acceler- 
ating force during the first half of the downstroke of the valve; 
during the second half stroke the dynamic force becomes a 
retardation and helps the eccentric to drag the valve. This 
statement is made in parallel terms to that for the piston on 
page 113; it may give a clearer view to say that in effect the 
valve on accoimt of dynamic action pulls up during the first 
half stroke, and upward forces have been taken as negative; dur- 
ing the second half the dynamic action tends to push downward. 
It should be needless to say that the dynamic action would ex- 
ceed friction only for very heavy valves and high speed, if ever. 
During the upstroke of the valve the action is similar except 
that the motion is then upward and the valve pulls downward 
(a positive form) during the first half of the stroke. 

Friction of the valves may be considered as a constant force 
always opposed to the motion. It is very hard to estimate; 
the estimation by the method on page 61 is always excessive. 

If we were considering rotative effect only the first half of the 
stroke (down or up) would have a negative value or resistance 
to turning; the second half would assist turning. 

The angle 6^ is to be taken from the top dead point of the 
eccentric. Thus if the angular advance is 30 degrees the eccen- 
tric will be 120 degrees ahead of the crank, and the eccentric 
will be at the top dead point when the crank is at 240 degrees. 

In dealing with the rotative effect, allowing for the valve gear 
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a combmed diagram for piston and valve (with gear) should be 
made for each cylinder. These diagrams may then be combined 
much as shown on page 120. 

This statement is given partly to give completion to the 
statement of forces and turning moments, and to provide for 
possible contingencies; but the statement is more for use in 
connection with balancing engines to be discussed in Chapter V. 



CHAPTER IV. 

COMPUTATION OF STRENGTH. 

Having the steam and accelerating forces acting on the sev- 
eral pistons of the engine, and the rotative eflfects we are now in 
a position to make computations of stresses in the various parts 
of the engine. No attempt will be made to allow for friction, 
which will in general be about ten per cent of the indicated 
power, and which is distributed in an indeterminate way from 
the piston to the tail shaft. Computed stresses will be five or 
ten per cent in excess of the probable stresses on this account; 
there may be increments in stresses as great or greater than 
these percentages due to lack of alignment or the action of the 
sea and consequently large apparent stresses are to be avoided. 

If the preliminary calculations have been made with knowl- 
edge and discrimination, the dimensions chosen are unlikely to 
require change, and it is even more unlikely that a change in 
any one dimension will force material changes in other dimen- 
sions; it therefore appears immaterial what order shall be fol- 
lowed in the final calculation. For our present purpose there 
is some advantage in treating the forces acting on the pistons 
as they are combined with other forces and act on the various 
parts of the engine. 

Pistons. — Marine pistons may be of two types. Merchant 
engines commonly have hollow pistons of considerable depth, 
flat on top and bottom, cored and ribbed. When the thickness 
of metal is sufficient for sound castings, the strength, even with 
a low value for cast iron, is likely to be more than sufficient. 
High-speed engines, whether for naval or merchant service, 

may have conical pistons either of cast steel or forged steel. 
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Cast-steel pistons must be thick enough to give sound castings 
and are likely to have more than sufficient strength; forged 
steel pistons, if very light, may require careful consideration. 
In order to exhibit the usual method of computations for pistons 
we will consider the case of the low-pressure piston for our 
typical problem and also of a conical steel piston. 

The stresses in a piston are due to the eflfective steam pressure 
and to the distributed accelerating force acting on the piston 
itself. The steam pressure is of course imiformly distributed; 
the distribution of the accelerating force depends on the con- 
struction of the piston and cannot readily be determined. Some 
idea of the relative importance of steam and accelerating forces 
may be had by assxmiing the latter to be uniformly distributed. 

Let us consider first the low-pressure piston for our typical 
case. It was designed nominally for an effective steam pres- 
sure of 20.7 pounds as shown on page 16, and it will be interest- 
ing to consider whether the actual conditions give a similar 
basis for the design. A complete investigation of the steam and 
accelerating forces for the piston would require the formation of 
a table like that on page 116, using the weight of the piston only 
instead of the combined weight of that table. But it is quite 
certain that the worst condition will be found toward the end 
of the downstroke where the retardation acts with the steam 
force, which latter has not yet been much reduced by expansion. 
The following subsidiary table will suffice for our purpose: 



Crank 
angle. 


a 
rfir' 


Weight of 
piston. 


Steam force. 


Accelerating 
force. 


Resultant. 


100 
120 
140 


0.00425 
0.00670 
0.00794 


6,600 
6,600 
6,600 


51,000 
47,400 
30,300 


9,800 
15,400 
18,300 


67,400 
69,400 
55,200 



The factor for acceleration a -r- nh and the steam force are 
copied from the table on page 116. The engine makes 75 revo- 
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lutions per minute and the crank is 2 feet long, so that the 
acceleration is 

a 



a = 75^ X 2 X 



»V 



The mass of the piston is 

6600 -T- 32.2, 

so that the accelerating force is 

752 X 2 X 6600 X ^ = 230,500—. 

The accelerating force at 100 degrees is 

230,500 X 0.00425 = 9800, 

and the others are found in like manner. This calculation 
though simple is given with some particularity as an illustration 
of similar ones to follow. 

The resultant forces are the sums 
of the several steam and accelerating 
forces plus the weight. 

If the resultant force is considered 
as luiiformly distributed it will be 
equivalent to 

69,400 -7- 4034 = 17.2 pounds, 
where 4034 is the area of the imder 
side of the low-pressure piston allow- 
ing for the piston-rod. The quantity 
is to be compared with the nominal 
effective steam pressure of 20.7 poimds 
already quoted. 

The calculation of the stress in a 
cored piston leads to an apparent 
insignificant stress, and is not very interesting, except as 
an exercise for the student. Instead there will be given the 




Fig. 37. 
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calculation for a conical steel piston as represented by Fig. 37; 
the curves of squares and cubes will be explained later. 

The piston chosen for illustration had a diameter of 56 inches 
and examination of the drawing showed that a section at CD^ 
8.9 inches from the axis of the piston-rod, might well be chosen 
for calculation. The segment of the circle to the left of the 
section is to be treated like a cantilever, with a uniformly dis- 
tributed load. 

The moment of a segment of a circle about an axis through 
the center of the circle as found by the usual methods of Apphed 
Mechanics * is 

ff»sin3^ = TV^^sm3^, 

where r is the radius of the circle and B is the half angle of the 
segment; it is more convenient to use d for the diameter. 

Following the usual convention it is convenient to represent 
the height of the segment by h and the length of the chord by /. 
Now 

^^' = P = ^' 
and this substituted in the above expression for moment gives 
moment = -x^l?. 

The required dimensions taken from a drawing of the piston 
are 

(i = 56, / = 52.8, and h = 19.1. 

The equation for the moment of the section about an axis 
through the center gives in this case 

tVs8.3 = 12,266. 

But we desire the moment about the chord which is at the 
distance of 8.9 inches from the center. The area of the segment 

♦ Applied Mechanism, Fuller and Johnston. 
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from a table of segments of circles is 742 square inches, conse- 
quently the moment about the chord is 

12,266 — 742 X 8.9 = 5660. 

A preliminary calculation for the engine to which this piston 
belonged showed an apparent effective pressure from the second 
receiver to the exhaust of 20 poimds. If this be taken as the 
basis for the calculation of stress the bending moment of the 
steam pressure becomes 

20 X 5660 = 113,200. 

The moment of inertia of the section at CDy Fig. 37, about the 
neutral axis GG' was foimd to be 550, and the distance to the 
most strained fiber was 5.25 inches. Consequently the usual 
equation for bending stress gives 

3^^ 113,200X5.25 ^^^^ 
•" / 550 ^ 

An investigation like that on page 126 shows an apparent 
uniformly distributed load due to steam pressure and accelera- 
tion of only 12 poimds, which would give an additional stress 
of only 660 pounds. 

Even if a large allowance be made for shock due to water in 
the cylinder, this calculation indicates that cast-steel pistons 
might be thinner than that here chosen, provided that sound 
castings can be had. There have been several failures of cast- 
steel pistons on account of defective castings, or on account of 
solid bodies like bolt heads getting loose in the cylinder, but they 
do not shed much light on the problem. Forged-steel pistons 
have been made about half as thick as cast-steel pistons; they 
also are likely to show low apparent stresses. 

Since this calculation is largely conventional it serves mainly 
to show whether a new design follows precedent. 

The most ready way of determining the moment of inertia of 
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the section of the piston is by aid of an integrator. Unless the 
piston is very large so that the reach of the integrator is not 
sufficient, it is advisable to use a full-scale drawing of half the 
section, doubling the result for the full section. In any case a 
good sized figure should be used for the integrator which is 
likely to be inaccurate when applied for finding the moment of 
inertia of a small figure. 

If there is no integrator available the graphical method shown 
by the lower diagrams of Fig. 37 may be used. At a sufficient 
number of points ordinates are measured from A A' to the top 
and bottom of the contoiu- of the section. The curves lettered 
" Curves of Squares " and " Curves of Cubes " are laid off from 
the corresponding axes, using for ordinates one-half the squares 
of the ordinates of the sections, or one-third the cubes of those 
ordinates. .The mean height of the top curve of the squares is 
foimd by the trapezoidal rule or by the aid of a planimeter; also 
the mean height of the bottom curve. The difference when 
multiplied by the length of the chord of the section will give its 
moment with regard to the axis AA\ The moment of the sec- 
tion divided by the area gives the distance of the axis GG through 
the center of figure of the section; this is the proper neutral 
axis for bending. 

A similar process may be applied to the curve of cubes to 
find the moment of inertia of the section with regard to the axis 
AA\ From the moment of inertia with regard to AA\ sub- 
tract the product of the area and the square of the distance be- 
tween the axes, to find the moment of inertia with regard to the 
neutral axis GG , 

This statement for finding moment of inertia is stated as 
though the section and the curves of squares and cubes are to 
be drawn to full scale, because the conception is then simple. 
Frequently full-size diagrams will be inconvenient, in which 
case any desired scale may be used for the section and the curves 
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of squares and cubes; but the ordinates must be read to their 
proper full natural values whatever scale may be used. Sup- 
pose that the section is drawn to quarter size, then the ordinates 
may be measured with an engineer's scale of forty to the inch, a 
quarter of an inch being in that case the unit of measiu-ement. 
This method is justified by the well-known forms for the 
moment and moment of inertia 



Jlf= / j ydxdy ^ I ^y^dx, 
1= j j y^dxdy— l^^dx. 



Piston-Rod. — Computations should be made for each piston- 
rod, because it is impossible to decide in advance which one will 
have the highest stress. Three computations should be made 
for each rod (i) for compression, (2) for tension and (3) for 
bearing pressures. The greatest stresses are likely to be found 
at the lower end of the intermediate and low-pressure rods, but 
may be at the top end of the high-pressure rod. 

The steel used for piston-rods is likely to have an ultimate 
compressive strength of from 45,000 to 48,000 pounds per square 
inch, and a tensional strength of from 55,000 to 75,000 pounds. 
The stress in either tension or compression should be only a frac- 
tion of these figures, both because water in the cylinder may give 
stresses greater than those computed and because the stress is 
repeated an indefinite number of times. A rod is not likely to fail 
in tension if the stress is limited to from 11,000 to 15,000 pounds. 
The computation for tension is made for the smallest section, at 
the bottom of the thread where the nut is put on to secure it to 
the cross-head (or piston), or where the rod is necked down when 
that is done. The area under tension is liable to be about half 
that for compression, and consequentiy the compressive stresses 
usually are low, which is desirable to allow for possible eccen- 
tricity of loading. The bearing pressure is likely to appear 



COMPUTATION OF STRENGTH 



131 



excessive, but as the metal is there so supported and constrained 
that it cannot flow there is not usually any trouble. Should 
the bearing area be insufficient the joint will become loose and 
poimd but will not fail. 
The areas of the piston-rods for all three cylinders are: 

PISTON-RODS. 



Body 

Neck 

Screw 

Bearing area 



Diameter. 



7 
6 

5i 



Area. 



38.48 
28.27 
19.28 
10.21 



The area of the screw is that at the bottom of the thread 
from a table of standard screws. 

Computations will be given for all three rods of our t3^ical 
problems; for the high-pressure rod the computation is for the 
top end near the beginning of the stroke; for the intermediate 
and low-pressure rod it is for the lower end of the rod and beyond 
half stroke. 

The factors for computing the accelerating forces are as fol- 
lows: 

Acceleration Factor. 

High pressure 75* X 2 X 1000 -^ 32.2 = 349,000 

Intermediate 75* X 2 (2300+ 1230) -¥■ 32.2 — 1,234,000 

Low pressure 75* X 2 (6600+ 1230) -5- 32.2 = 2,738,000 

The following table gives the calculation for the tension in the 
screwed end at the top of the high-pressure piston-rod. 

TENSION — HIGH-PRESSURE PISTON-ROD. 



Crank- 
angle. 


a 
ffir' 


Weight of 
piston. 


Steam force. 


Accelerating 
force. 


Resultant 
force. 


200 
220 
240 


0.00842 
0.00794 
0.00670 


1,000 
1,000 
1,000 


-52,400 
-5i»5oo 
-49,700 


2,900 
2,800 
2,300 


-48,500 
-47,700 
-46,400 
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The steam forces and accelerating factors are taken from the 
table on page 114; a multiplication by the factor 349,000 gives 
at once the accelerating forces; the resultant forces are found 
by subtracting the weight and accelerating force from the steam 
force. The negative sign attached to the steam and resultant 
forces signify that they act upwards. The maximum force 
comes at 200 degrees, which on casual inspection appears to 
indicate that we should have included the dead point 180 de- 
grees, but a preliminary investigation of the table on page 114 
excludes this angle at which the steam force is too small to enter 
our computation. 

Stress in tension, 48,500 -^ 19.28 = 2520. 



COMPRESSION — HIGH-PRESSURE 


PISTON-ROD. 


Crank- 
angle. 


a 
ffir' 


Weight of 
piston. 


Accelerating 
force. 


Steam force. 


Resultant 
force. 


20 
40 
60 


— O.O1219 
-0.00886 
—0.00427 


1,000 
1,000 
1,000 


-4,200 
-1,500 


62,700 
61,300 
58,000 


59.500 
59,200 
57,500 



Here as in the preceding case the dead point does "not enter 
into computation because the steam force is clearly too smalls 
The resultant forces are found by adding the weight and sub- 
tracting the accelerating forces. The stress in compression is 

S9>Soo -^ 38.48 = 1550 pounds. 

The bearing stress is clearly a maximum at the same time as 
the compression and is then 

59,500 -T- 10.21 = 5820 pounds. 

The computation for the intermediate and low-pressure rods 
are for the lower ends and are sufficiently evident from the 
following tables: 



COMPUTATION OF STRENGTH 
TENSION — INTERMEDIATE PISTON-ROD. 



133 



Crank- 
angle. 


a 
tfir' 


Weight of piston 
andnxl. 


Accelerating 
force. 


Steam force. 


Resultant 
force. 


240 
260 
280 
300 


0.00670 

0.00425 

0.00044 

—0.00427 


3.530 
3.530 
3.530 
3.530 


8,260 

5.240 

540 

-5.270 


-57,000 
-54.300 
-51.SOO 
-37.600 


-45.200 
-45.500 
-47.400 
-39.300 



Stress in tension, 47,4cx> -^ 19.28 = 2460 pounds. 
COMPRESSION — INTERMEDIATE PISTON-ROD. 



Crank- 
angle. 


a 
rfir' 


Weight of piston 
and rod. 


Accelerating 
force. 


Steam force. 


Resultant 
force. 


80 
100 
120 


0.00044 
0.00425 
0.00670 


3.530 
3.530 
3.530 


540 
5.240 
8,260 


54.900 
50,700 
39.300 


59.000 

59.500 

• 51,100 



Stress in compression, 59,500 -r- 38.48 = 1550 pounds. 

Bearing pressure, 59,5oo -^ 10.21 = 5830 pounds. 

TENSION— LOW-PRESSURE PISTON-ROD. 



Crank- 
angle. 


a 
tfir' 


Weight of piston 
and rod. 


Accelerating 
force. 


Steam force. 


Resultant 
force. 


280 
300 
320 


0.00044 
—0.00427 
-0.00886 


7.830 
7,830 
7.830 


1,200 
-11,700 
-24,200 


-53.000 
—42,100 
— 28,000 


-43.970 
-45.970 
-44.370 



Stress in tension, 45,970 -?- 19.28 = 2380 pounds. 
COMPRESSION — LOW-PRESSURE PISTON-ROD. 



Crank- 
angle. 


a 
tfir' 


Weight of piston 
and rod. 


Accelerating 
force. 




Resultant 
force. 


100 
120 
140 


0.00425 
0.00670 
0.00794 


7,830 
7,830 
7.830 


11,630 
18,340 
21,720 


51,000 
47,400 
30,300 


70,460 
73.570 
59.850 



Stress in compression, 73,570 -t- 38.48 = 1912 pounds. 
Bearing pressure, 73>S7o "^ 10*21 = 7200 pounds. 
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Assembling results we have for stresses. 
PISTON-RODS. 



High 

Intermediate 
Low 



Tension. 



2520 
2460 
2380 



Compression. 



1550 
1550 
1912 



Bearing pres* ' 
sure. 



5820 
5830 
7200 



Comparing with the preUminary calculation on page 32, we 
find that the factor 48 there chosen corresponds to a stress of 
2300 pounds per square inch in compression. Tension is there 
estimated as double that amount. Such low-working stresses 
both for design and as computed show that the rod is very 
strong for its work. Considering that the rods weigh only 1230 
pounds each, saving in weight for an engine of this class is of 
no importance. 

Wrist-Pin. — The calculation for the resultant force acting on 
the wrist-pin differs from that just made for the piston-rod in 
that the weight of the cross-head enters into the determination 
of accelerating force. Since we have a definite indication that 
this resultant for the rod comes at 120 degrees crank-angle for 
the low-pressure piston it is a safe assumption that tiie same 
angle will give the maximum force acting on the wrist-pin. 
Taking angles near this place we have the following table: 

LOW-PRESSURE WRIST-PIN. 



Crank- 
angle. 


a 
tfir' 


Weight of piston, 
rod, cross-head. 


Accelerating 
force. 


Steam force. 


Resultant 
force. 


100 
120 

140 


0.00425 
0.00670 
0.00794 


8,700 
8,700 
8,700 


12,900 
20,400 
24,100 


51.000 
47,400 
30,300 


72,600 
76,500 
63,100 



The factor for computing acceleration is here 
75^ X 2 X 8700 -4- 32.2 = 3,040,000. 
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The majdmum force is 76,scx>, which is parallel to the guides. 
Strictly an allowance should be made for the angle between the 
guides and the connecting-rod in order to determine the force 
which the cross-head exerts along the rod, and which conversely 
is the load on the wrist-pins. But on page 38 it is shown that 
for so small a ratio of connecting-rod to crank as four, the in- 
crease is about three per cent. Here with a somewhat larger 
ratio and with the crank at 120 degrees the increase may be 
two per cent; the allowance is more troublesome than useful. 
Dividing the load equally between the two ends of the wrist-pin 
gives for one side 38,750 pounds. 

A preliminary computation was made on page 48, using the 
load 42,140 pounds; since the stress is proportional to the load 
we may now write 

/ = 5170 X 38,750 -7- 42,140 == 4750 pounds. 

Connecting-Rod. — The several calculations for the connect- 
ing-rod are (i) for tension in the bolts in the boxes at the wrist- 
pin and the crank-pin, (2) for the caps of these boxes, (3) for the 
fork, and (4) for the compression and cross-breaking in body of 
the rod. The fourth item will be reserved for special treatment 
as it is somewhat complex. 

For the calculation of stress in the wrist-pin bolts, allowance 
must be made for the acceleration of the piston, rod and cross- 
head; properly all three cylinders should be investigated as 
was done for tension in the piston-rod, but to avoid prolixity, 
that for the intermediate cylinder only will be stated because it 
gives the highest result. 
INTERMEDIATE CONNECTING-ROD BOLTS, WRIST-PIN END. 



Crank- 
angle. 


a 
rfir' 


Weight of piston, 
rod, cross-head. 


Accelerating 
force. 


Steam force. 


Resultant 
force. 


260 
280 
300 


0.00425 
—0.00044 
—0.00427 


4»38o 
4,380 
4,380 


6,510 

670 

-6,530 


-54,300 
-51.500 
-37,600 


-43.410 
-46,450 
-39,750 
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The maximum force exerted by the cross-head is foimd at 280 
degrees and is there — 46,450 pounds, directed upwards. As 
explained in the discussion of the strength of the wrist-pin on 
page 36, this force should be resolved along the connecting-rod 
and normal to the guides and the component on the connecting- 
rod would be somewhat larger than the forces just computed. 
The excess may be as much as two per cent and it need not 
receive further attention. 

On page 44 it is stated that four three-inch bolts are to be 
used for the wrist-pin boxes. The eflfective area of each bolt 
being 5.45 square inches the stress in a bolt will be 
46,450 -5- (4 X 5.45) = 2130 pounds. 

The distribution of the weight of the connecting-rod between 
the wrist-pin and the crank-pin on page no assumes that the 
weight assigned to the crank-pin d.cts like a weight himg on the 
pin and revolving with it uniformly and therefore exerting a 
constant radial force on it. 

By equation (9), page in, the force in this case will be 

^jrW^ . 4^-X75-X.X.340 , 
3600 X 32.2 3600 X 32.2 

the weight of the crank-pin end of the connecting-rod being 
2340 pounds. 

To find the dynamic force acting at the bolts in the crank-pin 
boxes we may find the component of this radial force along the 
connecting-rod and unite it with the accelerating force given in 
the tables on pages 1 14 to 1 16. With the same degree of approx- 
imation as applies to the treatment of stress in the wrist-pin 
boxes, we may take instead of the real component the compo- 
nent of the radial force along a line parallel to the guides. That 
is, we may multiply that force by the cosine of the crank-angle. 
This component like all other forces will be positive downwards 
and negative upwards. 
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The table for the low-pressure cylinder on page 116 gives the 
maximum resultant force at 320 degrees; to make sure of the 
effect of the crank-pin dynamic force we will investigate for 
the angles on each side of this. 
LOW-PRESSURE CONNECTING-ROD BOLTS, CRANK-PIN END. 



Crank-angle. 


Wrist-pin and 
restdtant. 


Crank-pin component. 


Resultant force. 


300 
320 
340 


-47,170 
-49»S40 
-33.090 


-4,490 
-6,870 
-8,430 


— Si»66o 
-56,410 
-41,520 



On page 44, two 4i-inch bolts are assigned to the crank-pin 
boxes. The net area of such a bolt is 12.91 square inches, conse- 
quently the stress in the bolts is 

56,410 ^ (2 X 12.91) = 2190 pounds. 

The forces which have been deduced for calculating the bolts 
in the boxes may also be used for computing the caps. The 
direct computation for stress may be made by the formula for a 
beam supported at the ends and loaded in the middle as written 
down on page 47 ; but since this formula, as transformed for the 
purpose, was used for finding the thickness of the caps, with an 
assiuned working stress of 8000 pounds, we may now make 
the actual stress proportional to the actual load. The prelimi- 
nary steam force for the low-pressure piston (not allowing for 
the piston-rod) is given on page 47 as 84,270 poimds. Our cal- 
culation for stress in the caps will, therefore, be 

Caps at wrist-pin end connecting-rod 

8000 X 46,450 -^ 84,270 = 4440 pounds. 

Caps at crank-pin end of connecting-rod 

8000 X 56,410 -r- 84,270 = 5370 pounds. 

Having the preliminary calculation for stress in the fork of 
the connecting-rod we may again find the actual stress by mak- 
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ing it proportional to the actual load. This actual load is the 
same as that found on page 135 in the discussion of the strength 
of the wrist-pin, namely 76,500 pounds, not allowing for the 
eflfect of the angle of the connecting-rod. On page 49 the pre- 
liminary calculation for the fork gave a stress of 5325 pounds 
with the assumed load of 84,270 pounds. 
Consequently the actual stress is 

5325 X 76,500 -^ 84,270 = 4840. 

Side-Swing of Connecting-Rods. — The side-swing or slatting 
of a connecting-rod sets up a bending in the body of the rod 
which may give a stress equal to or greater than the compres- 
sion in the rod from the thrust of the cross-head. 

The boxes at the wrist-pin and crank-pin may be considered as 
balanced about them and as not entering into the cross-bending. 
For simplicity the body of the rod will be considered to reach 
from the wrist-pin to the crank-pin. Two forms will be con- 
sidered both with a straight taper from end to end, (i) a 
round rod (being a frustum of a cone) and (2) a flat rod of uni- 
form thickness. The deduction and use of equations for finding 
bending stress are somewhat tedious but present no real diffi- 
culty. But for a rougher approximation that can more readily 
be applied we will first deal with a straight rod of uniform 
cross-section. 

Let us consider by itself the transverse acceleration of the 
connecting-rod. At the angle 

e = at, 

the transverse displacement of the crank-pin is (Fig. 38) 
^< = f sin ^ = r sin a/, 

where a is the angular velocity 

2Trn ^ 

"to' 



COMPUTATION OF STRENGTH 



139 



n being the number of revolutions per minute. The transverse 
velocity of the crank-pin is 

Vt = (XT cos at; 

and the transverse acceleration is 



a< = — aV cos at = — 



3600 



sin^; (i) 



the minus sign indicates that the ac- 
celerating force is turned toward the 
left; it will not be important to consider 
the sign of the acceleration. In this 
equation r is the length of the crank in 
feet. 

At any point between the wrist-pin 
and the crank-pin the acceleration is 
proportional to its distance from the 
wrist-pin. The acceleration, therefore, 
produces a tmiformly increasing load 
on the rod from the wrist-pin to the 
crank-pin. 

Take an elementary slice of the con- — ^ 

necting-rod having the area of A square 

inches and the thickness dx inch; if the 

weight of the material is w pounds per 

cubic inch then the mass of the slice 

will be 

Aw , 
— ax, 
g 

and the force producing its acceleration will be 

Awa^ 



U 



Fig. 38. 



gl 



xdXj 



in which x is the distance from the wrist-pin. 
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Take a section of the rod at the distance b from the wrist-pin 
and find the bending moment at that section due to the side 
swing. At the wrist-pin there is a supporting force F, as yet 
imknown; its moment with regard to the section at the distance 
b will be Fb. The moment of an elementary slice at the dis- 
tance X from the wrist-pin with regard to a plane at b will be 

Awat 



gl 



-X {b — x) dxj 



the moment arm being b — x. The total moment at the sec- 
tion will be 

M = Fb-'^' rx(b-x)dx. 

^0 



M^Fb- 



gl 



'■[hbx^-U'). 



/. M = FJ-^R (2) 

ogl 

In order to determine the supporting force F, consider that 
at the crank-pin, where b is equal to /, the bending moment is 
zero so that 

... F = ^. (3) 

og 

The value of F may be computed numerically and afterward 
M may be found at any section. 

The location of the maximum bending moment may be foimd 
by differentiating the equation (2) with regard to b and equat- 
ing to zero, so that 

Awat 70 Awatl Awafi^ 
o = /* — u = — • 

2gl 6g 2gl 

.'. 6 = Vf/ = o.577/. (4) 
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The maximuin bending moment may now be found by insert- 
ing this value of b in equation (2), after which the stress may be 
found by the usual equation 

/-^- (5) 

The method as deduced here can be applied to any rod what- 
ever the form of section, provided that it is treated as though 
the section were uniform. 

In solving a problem it will be convenient to first compute 
the acceleration a< by equation (i) for the crank-angle 90 de- 
grees at which 

^' = ^6^' (^^ 

r being in feet, and then the stress from bending at this crank- 
angle. At any other crank-angle the stress will be proportional 
to at for that angle and therefore proportional to the sine of the 
crank-angle. 

For our typical example for which the revolutions are 75 and 
the crank 2 feet 

4^2-2 >< 2 

«* = — 77- = 1234. 

3000 

The diameter of the connecting-rod near the wrist-pin end is 
6| inches and the area of its section is 37.12 square inches. 

Taking for the weight of one cubic inch of steel, 0.284, and 

for g, 32.2, 

Awat 37.12 X 0.284 X 123.4 

= = 40.4. 

g 32.2 

The supporting force may now be found from equation (3), 
AwGtl 40.4 X 108 
^ = "6^^ 6 = 727, 

the length of the connecting-rod being 9 feet or 108 inches. The 
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distance from the wrist-pin to the section having the greatest 
bending moment is by equation (4) 

^ = 0-S77 i = 0.577 X 108 = 62.3 inches. 
The bending moment at this section by equation (2) is 

Awa, ,. , 404 X 62.3 

M = Fb--^b^ = 727X 6a.3 - 6XX08 = 30,100. 

The diameter of the section being 6| inches its moment of 
inertia is 

64 64 

consequently the bending stress by equation (5) is 

. 30,100 X6| 

/ = : = 040 pounds: 

•^ no X 2 ^^ ^ 

this is the maximum bending stress on the connecting-rod when 
the crank is at 90 degrees; at any other angle the stress will be 
found by multiplying this result by the sine of the angle. The 
stress calculated by this approximate method is larger than the 
real stress will be from side swing in a rod which increases in 
size from the wrist-pin to the crank-pin. 

Tapering Connecting-Rods. — In dealing with tapering con- 
necting-rods it is convenient to consider that either they are 
round in section or else flat with uniform thickness. For roimd 
rods let the diameters at the wrist-pin and the crank-pin be d 
and D; for flat rods let the corresponding widths be k and H. 
The increase in dimension per unit of length will then be 

D-d H-h 

__=, or -y-=.. 

Taking first the case of the round rod the diameter at a dis- 
tance X from the wrist-pin will be 

d + cXj 
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and its area will be 

"^{d + cxY. 
4 

If the acceleration at the crank-pin is a< (see equation (i), 
page 139), then the acceleration of the point at the distance x 
from the wrist-pin is 

y* 

Taking an elementary slice of the rod at the distance x from 
the wrist-pin its mass will be 

— {d + cxYdx, 

where w is the weight of a cubic inch of the material and g is 
the acceleration due to gravity. The accelerating force acting 
on the slice is therefore 

(d + cxy dx. 

4gl 

To find the bending moment at a section of the rod b inches 
from the wrist-pin we will take moments with regard to that 
section of (i) the supporting force F at the wrist-pin and (2) the 
distributed accelerating force acting on that part of the rod, 
thus obtaining 

M^Fb-"^ f x{d + cxy{b'-x)dx. 
4gl Jo 

4gl \ 6 6 20/ 

for conical rods. 

To find the force F make M zero when b equals / ; giving 

4g \6 6 20/ 
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An attempt to find the location of the section having the 
greatest bending moment leads to a fourth degree equation, and 
further it is not sure that the section which has the greatest 
bending moment will also have the greatest stress; consequently 
the solution must be made by trying several values for b at 
about 0.6 of the length of the rod from the wrist-pin. For each 
value of b the corresponding stress must be found by the equa- 
tion 

f-f- (3) 

As in the previous discussion it is now advised that the solu- 
tion be made for a crank-angle of 90 degrees, after which the 
stress at other crank-angles can be found by multiplying by the 
sine of the angle. 

For flat rods we may consider that the width at the distance 
X from the wrist-pin is 

h + CX, 

The accelerating force on an elementary slice at this place is 
— 7— (A + ex) ax. 

Taking moments with regard to a section at a distance b from 
the wrist-pin 

M = Fb-'^ f x(h + cx){b'-x)dx. 
gl Jo 

Making M equal to zero when b is equal to / gives 

The solution of the problem may now be completed by taking 
several values for b at about 0.6 of the length of the rod from 
the wrist-pin. 
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Applying this method to the typical case where the length of 
the rod is 108 inches and the diameters are 6j and 7! inches 

108 



Equation (2) on page 143 gives for this case 

X284 X 123.4 /i 
X 32.2 \ 



3.142 X 0.284 X 123.4 / io8(6|)^ 108^ X 0.0081 X 6.875 
4X32.2 \ 6 6 



108 Xo.( 



D.0081 \ 
20 / 

F = 823. 



Choosing the section at which stress is to be calculated at 0.6 
of the length of the rod from the wrist-pin the bending moment 
by equation (i), page 143, is 



M = 823 X 64.8 - 3.142X0.284X123.4 /64^6|)^ 
^ ^ 4 X 32.2 X 108 



123.4 /64.; 
08 \ 



64.8 X 0.0081 X6| ^ 64.8 X 0.0081 \ 
6 20 / 

•'• M = 53,330 - 18,290 = 35,040. 

The increment in diameter from the wrist-pin to the section 
chosen is 

64.8 X 0.0081 = 0.525 

of an inch which added to 6| gives a diameter of 7.4 inches. 
The moment of inertia of a circle having a diameter of 7.4 

inches is 

— 4 
^74 

consequently the bending stress is 

/= 35,040x3-7 ^880. 
147 
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A complete solution would require several computations with 
different values of b from which the real maYiTmiTn bending 
stress could be determined; but as an illustration we may let 
this one suffice. As compared with the computation on page 
142 it shows that the rough approximation will always give 
the greater apparent stress and may therefore be used except 
when approach to limiting condition justifies greater refinement. 

It may be noted that the third term of the parenthesis in 
both equations (i) and (2) is small and may be neglected with- 
out serious error. 

Bending and Compression in Connecting-Rod. — The greatest 
stress in the body of the connecting-rod will result from the com- 
bination of direct stress from the cross-head and bending stress 
due to side-swing. This is likely to be found soon after half 
stroke in the low-pressure connecting-rod during the down- 
stroke; after a calculation for this case an inspection of condi- 
tions for the other cylinders will usually show whether computa- 
tions for their rods are necessary. 

Since the determination is simpler when the approximate 
method of computing bending from side-swing is used, that 
will be treated first. On page 142 the maximum stress at 90 
degrees was found to be 940 poimds on a section at 62.3 inches 
from the wrist-pin. The actual rod had a diameter of yf inches 
at that section, and an area of 42.7 inches; this diameter may be 
computed from the consideration that the increase in diameter 
in the length of 108 inches is 

7f — 6| = I of an inch; 

so that the increase in 62.4 inches is 

78 X 62.4 -5- 108 = 0.50, 

and the diameter is therefore 

6| + 1 = 7f inches. 
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From page 116 we find that the greatest resultant force 
parallel to the center line of the engine is 81,710 pounds at 120 
degrees crank-angle. The direct stress is therefore 

81,710 -f- 42.7 = 1940 pounds; 

and to this we must add 

940 sin 120° = 810 pounds, 

giving a total of 2750 pounds per square inch for the resultant 
stress in the connecting-rod. An inspection of other crank-angles 
for the low-pressure cylinder and of conditions for the other 
cylinders shows that this is the real maximum stress for the rod. 

A precise computation would involve an allowance for the 
angle of the connecting-rod which would give a result about 
two per cent larger; for the approximate method (which over- 
estimates the bending stress to a much larger amount) the error 
of two per cent is insignificant if it is ever of importance. 

When the designer chooses the more complete calculation for 
a conical rod on page 142, he will take three or more sections at 
about 0.6 of the length of the rod from the wrist-pin, perhaps at 
<^'55j 0.6 and 0.65 of the length. For each section he will com- 
pute the bending stress as on page 145, and also the direct stress 
as just illustrated. He may be able to select at once from these 
three or four calculations the real maximiun stress; or he may 
draw a diagram with fractions of length as abscissas and stresses 
as ordinates from which the maximum can be determined. 

Strength of Crank-Pin. — Usually all the crank-pins of a 
marine engine have the same diameter and length, in which case 
it may be sufficient to calculate the aftermost pin only; should 
there be any question as to the strength of any other pin it must 
be calculated also. Some naval engines and yacht engines have 
hollow shafts and crank-pins, the diameter of the holes increas- 
ing in parts which have less loads to carry, and in such case all 
shafts and pins must be calculated. 
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Fig. 39. 



The crank-pin may be considered to sustain two loads, one 
from a force Fi, perpendicular to the crank as shown in Fig. 39, 
and the other from a force F2 of which \ F2 is shown on the fig- 
ure parallel to the crank. The force Fi is the resultant rota- 
tive effect of all the cylinders of the engine, when we are dealing 
with the aftermost crank-pin; for any other crank-pin it is the 

resultant rotative effect for 
the cylinder whose crank-pin 
is imder consideration and for 
all cylinders forward of it. 
We will deal with the after- 
most crank-pin only, which 
for the three-cylinder triple 
engine is the lower-pressure 
pin. It is immediately evi- 
dent that the aftermost crank must carry the rotative effect of 
the forward part of the engine; it also carries the thrust (or pull) 
of its own connecting-rod which can be resolved into two com- 
ponents (i) perpendicular to the crank and (2) parallel to the 
crank. The perpendicular component is of course the rotative 
effect, so that the crank carries the total rotative effect as already 
stated. 

The table on page 116 gives the resultant vertical force for 
the low-pressure cylinder including the dynamic effect of the 
wrist-pin end of the connecting-rod. This resultant is parallel 
to the center line of the engine and should properly be resolved 
into components perpendicular to the guides and along the 
connecting-rod; the latter component is applied by the connect- 
ing-rod to the crank-pin and can be resolved, as said before, into 
components perpendicular to and parallel to the crank; the 
latter component forms a part of the force F2. Instead of this 
double revolution we may imagine the resultant vertical force 
to be transmitted to the crank-pin and then resolved into com- 
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ponents; that one which is parallel to the crank is the par.t of 
F2 which we are now seeking. In passing we may remark that 
this approximate resolution gives a slightly larger force than the 
correct resolution; the difference is insignificant. The com- 
ponent parallel to the crank may therefore be found approxi- 
mately by multiplying the resultant vertical force by the cosine 
of the crank-angle. This component is directed toward the 
shaft during the first half of the stroke, and during the second 
half is turned outward. When turned outward it is treated as 
a positive quantity, and negative wljen turned toward the crank- 
shaft. 

The other part of the force F2 parallel to the crank is the cen- 
trifugal force of the crank-pin end of the connecting-rod as com- 
puted by equation (9), page iii. It is always turned outward 
and is positive. 

In Fig. 39 the force Fi is applied at the middle of the length 
of the crank-pin; that part which comes from the thrust of the 
connecting-rod is probably a imiformly distributed load which 
has its resultant at the point named. In dealing with the turn- 
ing moment from the forward part of the engine it may be as- 
sumed that the crank-webs remain parallel to each other and that 
the pin is built into them; the crank-pin in such case will have 
a point of inflection at the middle of its length and the turn- 
ing force may be assumed to be applied at that point. Thus 
both parts of Fi are individually applied at the middle of the 
pin. On the other hand if the crank-webs are assumed to re- 
main parallel when affected by a force like F^ which is parallel 
to them, then the crank-pin can be treated as a beam fixed at 
both ends. Though this force F2, which all comes from the 
connecting-rod, is probably a uniformly distributed load, it is 
simpler and perhaps safer to treat it as though it were applied at 
the middle of the pin. A beam fixed at the ends and loaded at 
the middle has points of inflexion at the quarters of the length, 
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and. for calculations of strength we may proceed as if the force 
i F2 were applied at the aftermost point of inflection, a quarter 
of the length of the crank-pin from the end. 

Now the force Fi produces a bending moment on the section 
of the crank-pin adjacent to the crank-web, the moment-arm 
being half the length of the pin. The force F2 also gives a bend- 
ing moment on the same section, the moment-arm being a 
quarter of the length of the pin; evidently the same moment 
would be produced by one-fourth of F2 with a moment arm 
equal to half the length of the pin. This substitution gives a 
force which may be compounded with Fi by taking the square 
root of the sum of their squares since they are at right angles. 
Thus we have a resultant force 



F = VF^' + dF^y. (i) 

Taking / for the length of the pin gives for the bending moment 

M = ^Fl, (2) 

and consequently the bending stress may be foimd as usual by 
the equation 

f-f- (3) 

In applying this method to a particular case it will be found 
that the resultant rotative effect is the controlling element and 
that the greatest stress in the pin is likely to be found towards 
the end of the downstroke for the low-pressure cylinder. Should 
there be doubt, computations for adjacent conditions can be 
made. 

For our typical case the table on page 116 gives the greatest 
resultant rotative effect as 109,200 pounds at 320 degrees crank- 
angle; for this angle the table on page 116 gives for the resultant 
vertical force 49,540 pounds. The component of this last force 
parallel to the crank-web is 

49,540 cos 40° = 49,540 X 0.7660 = 37,950 pounds. 
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To this is to be added the centrifugal force of the crank-pin end 
of the connecting-rod as aheady found on page 136. 

AirhthW, 4 ^'X 75^X2X2340 o , 

-~ — = ^ — = 8070 pounds, 

3600 X 32.2 3600 X 32.2 

the weight of the crank-pin end of the connecting-rod being 2340 
pounds. 
One-fourth of the sum of these forces 

i (37^950 + 8970) = 11.730 pounds 
combined with the rotative effect 109,200 pounds gives 



F = VFi -|- (1^2)^ = V 109,200 + 11,730 = 109,500 pounds. 

The effect of the force F2 is here insignificant; it will always 
be small and may be neglected for all except possibly very high- 
speed engines. 

The crank-pin has a length and a diameter of 14J inches, con- 
sequently the bending moment is 

Af = J X 109,500 X 144 = 780,000. 

The moment of inertia of the section of the pin is 

I = -7— = 2024. 
64 

Consequently the bending stress is 

. My 780,000 X J X 14.25 

J = -7- = = 2750. 

/ 2024 

Calculation for Crank-Web. — The crank-web is subjected to 
a combination of direct stress, bending and torsion, from the 
effect of the forces Fi and J F2 of Fig. 39, page 148; thus, \ F2 
produces tension and bending and Fi produces bending and 
torsion. These several influences may be computed separately 
and then combined. 

The greatest stress is likely to be found on a section just out- 
side the key in the crank-shaft as shown in Fig. 40; if the width 
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there is b and the thickness is h then the section will be subjected 
to a direct tension from the force J F^. 



this stress is always small and is usually insignificant. 



(i) 




Fig. 40. 
The force J F2 has the moment 

as will be evident from consideration of Figs. 39 and 40. The 
corresponding moment of inertia of the section mn of the crank- 
web is 



/2=— , 



12 



SO that the bending stress is 

/2 = 



MiX\h 



(2) 



On the other hand the force Fi has the moment, at the same 
section, 

Ml = FiJfe, 

as seen on Fig. 39. The proper moment of inertia of the section 
at mn is 

/i = — i 
12 
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SO that the bending stress corresponding is 

h J^ (3) 

Finally the twisting moment of the force F with regard to 
the section mn is 

The polar moment of inertia of the section mn is 

12 
and the distance of the most strained fiber from the axis is 

Finally the twisting stress is 

ft = J -• (4) 

The dimensions for our type problem that are needed for the 
present purpose are: 

Inches. 

Diameter of crank-pin d ^ i4i 

Length of crank-pin I = 14I 

Width of crank-web at mn 6 = 18 

Thickness of crank-web h = 11 

Distance of section from crank-pin k ^ 15} 

Fi = 109,200 pounds. 

P2 ^ 37^950 + 8970 = 46,920 poimds. 

The forces are taken from pages 150 and 151 and the dimen- 
sions from a drawing of the crank. 

Applying the several computation^ to the problem we have 
from equation (i) 

■''' bh 18 XII "°P""""='- 
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The several moments of inertia of the section at mn are 

^ bh' i8xi7' 

I2 = — = = 1006. 

12 12 

^ b^h 18^ X II 

A = — = = 5347- 

12 12 

/, = /2 + /i = 7343. 

The distances of the most strained fibers are 

y2 = iXii = 5.5. 

yi = i X i8 = 9» 

y« = iy 18^+11^ = 10.55- 

The bending moments are 

M2 = ^F2(i/ + JA) = i X 46,920 (i X i4i + i X 11) 

= 212,600. 
Ml = Fii = 109,200 X 15I = 1,624,400. 
Mt-=Fi{hl + ih) = 109,200 (I X I4T + i X 11) 
= 1,412,800. 
The corresponding stresses are 

M2y2 212,600 X 5-5 ^n. 

h 1996 

Afiyi 1,624,400 X 9 ^^^ 
J _ __^ — _ = 2734. 

A 5347 

Jlf,:V« 1,412,800 X 10.55 _,^ 

ft = "i^ = = 2030. 

h 7343 

The combined stress from direct tension and bending is 

h =/d +h +/i = 118 + 586 + 2734 = 3438. 
The resultant stress due to tension, bending and torsion may 
be found by the GrashoflF formula 

/= lA + 1 V/.' + 4/.' = I X 3438 + 1^^^' + 4 X ^'. 

= 4614 pounds, 
this being the stress in a section of the crank-web just outside 
the key way. 
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Calculations for Key. — The web of a built-up shaft is shrunk 
or forced on the crank-shaft and for further security it is keyed 
to the shaft as shown by Fig. 40. The bearing pressure of the 
key on the shaft (or the crank-web) and the shearing stress on 
the key may be determined from the maximum rotative effect 
and the dimensions of the crank and shaft. 

For our typical case the radius of the crank-shaft is 
14} -^ 2 = 7I inches; 

and the radius of the crank is 24 inches; consequently the force 
at the key is 

109,200 X 24 -T- 7I = 368,000 poimds. 

Suppose that the key is 3^ inches wide and 2^ inches thick, set 
half in the shaft and half in the crank-web. Since the crank- 
web is II inches thick the bearing area of the key on the shaft 
or the web is 

i X 2I X II = 13.7s square inches, 

and the bearing pressure is 

368,000 -H 13.75 = 26,800 pounds. 

The shearing area is 

3I X II = 38.5 square inches, 

and the shearing stress on the key is 

368,000 -^ 38.5 = 9560 pounds. 

The steel of which the key is made is always hard and may have 
a tensional strength of 80,000 pounds and a shearing strength of 
50,000 pounds. Such steel would probably not begin to flow 
under compression at less than 60,000 pounds so that the key 
could probably endure both shearing and bearing stress even if 
the crank-web were loose on the shaft. The steel of the shaft 
and crank- web may have a tensional strength of 65,000 poimds 
and might begin to flow under compression at 45,000 pounds; 
consequently the shaft and web might endure the bearing pres- 



IS6 MARINE ENGINES 

sure if the web were loose on the shaft. In consequence of the 
large frictional resistance to turning due to shrinking the web 
on the shaft, the actual shearing and bearing pressures are 
much less than those computed. When keys are insufficient 
they become indented into the shaft or the web or both and 
the parts become loose; this is likely to occur when the bearing 
pressure approaches that at which the metal when tested in 
compression begins to flow or bulge in the middle of the test- 
piece. There is little information concerning either the bearing 
pressure or the shearing of keys, but since there are few, if 
any, instances of built-up cranks becoming loose in service, it 
appears that ordinary practice as represented in handbooks of 
marine engineering must be sufficient. 

Crank-Shafts. — The same forces which act on the crank-pin 
and crank-web produce twisting and bending in the crank- 
shaft. In Fig. 39, page 148, it is assxmied that this twisting 
and bending occur at a section at a distance p from the end of 
the shaft. The twisting on this section is due to the rotative 
effect Fi acting on the crank-pin; its moment is 

M, = Fir, (i) 

in which r is the radius of the crank in inches. Both forces Fi 
and i F2 produce bending; the most convenient method is to 
transfer the latter into the same transverse plane as the former 
and then find a single resultant force which produces the same 
moment as both forces would. The moment-arm of | F^ with 
regard to the plane at st is 

p+\i, 

and the moment-arm of the force Fi is 

P + hh 

a force equal to 

F8 = §F2(p + iO-(P+JO 
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is proper for combination with Fi. These forces being at right 
angles give a resultant 

and the bending moment acting on st is 

M,^F(p + ^l). (2) 

The moment of inertia to be used in the calculation for 
bending is 

when d is the diameter of the shaft in inches. The polar moment 
of inertia for twisting is 

This section st may be taken somewhere inside the edge of 
the bearing for the crank-shaft, for if taken at the edge it is 
equivalent to assuming that the bearing is rigid and firmly 
clamped to the shaft, whereas there is always a looseness of 
seven or eight thousandths of an inch. It may be well to take 
st at one-fourth of the length of the bearing, from the edge, and 
if this distance is somewhat excessive, it will give a little larger 
margin of safety. 

For the typical problem the length of the main bearing (page 
43) was taken as iif inches, and the thickness of the crank-web 
is II inches; consequently allowing for clearance at the main 
bearing we may take 14! inches for p. 

Taking values of Fi and F2 from page 150, we have for the 
force to combine with Fi 

= I X 46,9^0 (14! + i X i4i) - (i4f + ^ X I4i) 

= 19,570- 

Combining this with Fi gives 

F = V 109,200 + 19,570 = 110,900. 



IS8 MARINE ENGINES 

The bending moment from this force is 

Affr = 110,900 (14I + J X i4i) = 2,384,000, 
and the corresponding bending stress is 

U = —j- = — — = 8499 pounds, 

If, 2024 

the value of the moment of inertia being that found on page 151. 
The torsional stress is 

. M^y 109,200 X 24 X 7.125 , 

■^'=7r^ — ^^^8 4612, 

the value of the moment coming from equation (i) with 24 
inches for the length of the crank; the polar moment of inertia 
is twice that for rectangular axes. 

The equivalent stress by the Grashof formula is 

/= 1/6 + fV/,2+4/,2= 1X8499 +§^^'+4X46^' 

= 11,025 pounds, 

which is the stress from bending and twisting in the crank-shaft. 

Thrust-Shaft. — The thrust-^af t is commonly given the same 
diameter as the crank-shaft though it is subjected to twisting 
only, and consequently has to resist only the torsional stress 
(/, = 4612) computed for the crank-shaft. 

Even with this apparently large margin of safety the thrust- 
shaft is as frequently broken as the crank-shaft. The reason for 
this apparent anomaly comes from the usual construction of the 
thrust-shaft, which is forged with a diameter as large as that of 
the collars which take the thrust, and is cut down to the diam- 
eter of the shaft between the collars. When adjustable horse- 
shoe bearing rings are used the diameter of the collars is likely 
to be half again as great as the diameter of the shaft, and in 
consequence that part of the forging which has been properly 
worked is sacrificed and the body of the shaft is of inferior 
quality. 
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Many breaks have started as cracks in the metal between the 
collars; if undetected these cracks may spread imtil the shaft 
fails. The cracks are usually erratic in their course, sometimes 
passing through a collar, and at times the shaft breaks into 
several comparatively small pieces. In some instances cracks 
in thrust-shafts have been detected by movements of the thrust- 
rings or horseshoes. 

Tunnel-Shafting. — The timnel-shafting is subjected to tor- 
sion only and the stress may be calculated from the maximum 
rotative effect as determined on page 150 for the crank-pin; 

Mt = Fir. 

The rotative effect for the typical problem given on that page 
is 109,200 and the length of the crank r is 24 inches. 

The tunnel-shaft is smaller than the crank-shaft; in the pres- 
ent instance it may be 13J inches. The moment of inertia is 

therefore 

4 

7 = ^^3-5 = 3260. 
32 

The distance of the most strained fiber is 

y = i Xisi inches. 

The torsional stress is 

My 109,200 X 24 X 6.7s 

^' = T"= J^ = 5450. 

Propeller-Shaft. — The propeller-shaft must endure torsion 
irom the engine and also bending from the weight of the pro- 
peller and from its acceleration when the ship is pitching* 
Although this shaft is made as large as the crank-shaft or even 
larger, it sometimes is broken in consequence of the torsion and 
bending mentioned and the action of the sea. 

The torsional stress is computed from the maximum rotative 
^effect as in previous calculations for the shafts, and requires no 
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further discussion. If the diameter of the propeller-shaft is the 
same as for the crank-shaft then the torsional stress will be the 
same as was computed for that shaft. 

If the pitching is harmonic the bending stress in the shaft 
may be calculated from the weight and dimensions of the pro- 
peller for any assumed extent of pitching; but a ship sometimes 
takes a sudden lurch for which no computation can be made. 

The acceleration at the beginning of harmonic motion as 
given by equation (lo), page 121, may be written 

a = a^e, 

where a is the angular velocity of a rotating body in unison 
with the harmonic motion, and e is half the path of the oscillat- 
ing body. If / is the time in seconds for one single oscillation, 
then 

SO that 

Suppose that the propeller on accoimt of pitching has an oscil- 
lation of 20 feet, that is, ten feet above and ten feet below its 
normal height; and suppose that the time of pitching is four 
seconds. Then 

a = — =2 — = 6.18. 
4 

Since the acceleration due to gravity is 32.2 feet per second, 
the effect of the acceleration just computed is to increase thet 
apparent weight by the amount 

6.18 
32.2 

and in any case a similar allowance can be made. 
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The propeller suitable for our typical engine may have a 
weight of 22,000 poimds and its center of gravity may be 20 
inches from the stem bearing. The bending moment due to 
weight and acceleration will be 

Mb = 22,000 X 20 X 1. 19 = 523,600. 
The stress due to bending will be 

Mi^y^ 523,600 X 7.12s 

j^ ^ l~' ^ :^^A ^ ^^"^^^ 

ift 2024 

using the same moment of inertia as given on page 151, for a 
circle having the diameter of 14} inches. The torsional stress 
as found on page 158 is 4612. The resultant stress from bend- 
ing and torsion is 

/ = f X 1843 + f ^^' + 4 X ^6^' = 6572. 

Hollow Shafting. — The tmrnel and propeller shafting for naval 
engines and for many yachts and fast passenger ships is of high- 
grade steel, forged and oil tempered. A small per cent of nickel 
is sometimes introduced to give added strength combined with 
toughness. The shafts are forged by powerful hydraulic ma- 
chinery on mandrils, from ingots that are cast vmder pressure. 
The hole through the shaft is usually half as large as the shaft 
and thus a quarter of the weight is saved while the moment of 
inertia of the section of the shaft is reduced only one-sixteenth. 
Such hollow forgings may have a thickness of five inches and be 
homogeneous and equally strong throughout; they are some- 
times seven inches thick, but in such case the oil tempering can- 
not be efficient throughout and the middle is not quite so good as 
the outside. Of course, shafting of any diameter can be made 
without sacrificing the high quality of the metal, provided the 
thickness is not too great. Built-up shafts may have hollow- 
forged crank-pins and crank-shafts. Solid shafts may be made 
of the same material and oil tempered; if they are lightened it 
is by boring out before tempering. 
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Thrust-Bearing. — In designing the thrust-bearing the bear- 
ing surface is made to depend on the thrust-horse-power 
(page 6i), which is commonly taken as two-thirds the indi- 
cated power. The nominal effective thrust may be taken as 
the basis of computation for the strength and stability of the 
thrust-block. It is likely that the dimensions of the thrust- 
block will be determined mainly by the necessity to provide 
proper bearing surface and proper thickness of castings for the 
foundry; in any case calculations for strength will depend on 
details of construction which cannot conveniently be considered 
now. But it will be interesting to consider the stability of the 
thrust-block on its foundation. 

Let it be assumed that the thrust-block is secured to its seat 
by one-inch bolts, each having an effective area of 0.554 square 
inch; if these bolts are screwed up to a stress of 3000 pounds 
per square inch each will exert a pull of 1662 pounds to hold 
the thrust-block against the foundation-plate. Suppose that we 
consider moments tending to tip the block aroimd the forward 
edge. Then the nearest bolt which is 5.5 inches from that 
edge will have a moment of 

1661 X 5.5 inch-pounds. 

There are 12 bolts on each side irregularly pitched so that 
distances from the forward edge are 

5.5, 14.5, 23.5, 32.5, 40.5, 48, 55.5, 63, 71, 80, 89, 98. 

To get the total moment we. may multiply the pull of one 
bolt by each of these distances and sum up the products; or 
an equivalent calculation can be made by summing the dis- 
tances and multiplying by the pull; giving for the resultant 
moment 

1661 (5.5 + 14.5 + 23.5 + 32.5 + 40.5 + 48 + 55-5 +63 + 71 
-h 80 -h 89 -h 98) 
= 1661 X 621 = 2,080,000 inch-pounds. 
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On the other hand the thrust of the propeller 51,700 (see page 
61) is applied at the center of the shaft which is 18 inches above 
the sole plate; consequently the upsetting moment is 
51,700 X 18 = 931,000 inch-pounds; 

so that the moment of the holding-down bolts is nearly twice 
the upsetting moment. 

There is a tendency for the friction on the collars of the 
thrust-block to upset the block transversely, but with proper 
lubrication this moment is very small compared with the trans- 
verse stability from the holding-down bolts. 

Screwing-up. — In adjusting the bearings of an engine it is 
customary to screw up the bolts to a tension greater than that 
due to the forces to which they are subjected in service, and to 
lock the nuts securely. Workmen commonly screw up bolts as 
hard as they can' with the tools at hand and the bolts are then 
subjected to unknown stresses. For important work the stresses 
may be predetermined by computing the elongation of the bolts 
proper under screwing-up. 

Suppose that the bolts in the boxes at the crank-pin are 22 
inches long, and that they are to be screwed up to a tension of 
10,000 pounds per square inch. The elongation due to screwing- 
up will be 

/ 10,000 

22 X — = 22 X —z = 0.00786 of an inch. 

E 28,000,000 

If the screw has three threads to an inch this will require 

0.00786 X 3 = 0.0236 

of a turn of the nut. If the nut is turned by a wrench 24 inches 

long the outer end must move 

0.0236 X 2 TT X 24 = 3.55 = 3 1^6 inches. 

This computation for simplicity is made on the assimiption 
that the body of the bolt has a uniform size, neglecting any 
stretch of the screw. But the body is commonly necked down 
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to an area less than the effective area of the screw. Suppose 
that i8 inches of the length are reduced to half the area of 
the original size of the bolt; this reduced portion will give the 
greater part of the elongation, but the unreduced portion will 
also stretch at a rate inversely proportional to its area of section. 
Allowance in this case can be made by adding half the length 
of the unreduced portion, so that the equivalent length will be 

i8 + J X 4 = 20 inches. 

The moment of the end of the wrench in screwing-up will now 
be 3j inches nearly. 

The wrench for screwing up large nuts is short and strong so 
that it may be driven round with a sledge hammer. After the 
parts are properly assembled with the nuts bearing, the wrench 
may be tapped until the bolts come taut, shifting the wrench 
from one bolt to the other. Then the wrench may be driven 
round the proper distance as computed, with a few heavy blows, 
shifting the wrench from side to side so that the bolts may be 
drawn up evenly. The movement of the wrench may be meas- 
ured with a rule from some convenient fixed point. 

When massive metallic parts, like the crank-pin boxes, are 
drawn up with bolts the tension is properly attributed, as has 
been done, to the elongation of the bolts, neglecting the rela- 
tively small compression of the parts. The stress in a bolt 
will remain constant so long as its elongation is unchanged. 
During the upstroke of the engine the connecting-rod exerts a 
pidl on the crank-pin bolts which is only a fraction of the pull 
due to screwing-up; to make the case explicit assume this pull 
to be one-third as much. The pull of the bolts on the boxes is 
then reduced to two-thirds of the amount due to screwing-up, 
which is sufl&cient to hold them securely; the total elongation is 
unchanged and the stress in the bolts is imaltered. Should, by 
any chance, the pidl of the connecting-rod (as in an accident) be 
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greater than the pull due to screwing-up then the elongation of 
the bolts would be increased and the boxes would come slack. 

A contrary effect is found when timbers with relatively large 
elasticity are bolted together. The bolts then stretch relatively 
a small amount which may be neglected as compared with the 
compression of the timber. An extra pull on a bolt will release 
the compression of the timber only an inappreciable amount, 
and consequently the total pull on a bolt is the sum of the pull 
due to screwing-up and the extra pull. 

Alignment. — In order that an engine shall run without heat- 
ing in the bearings, the alignment should be exact. The degree 
of accuracy attainable in practice, and the deviations allowable 
without serious consequences, do not app)ear to be well known. 
It is probable that lack of alignment will be shown by heating in 
bearings long before it produces deformations that will danger- 
ously increase the stresses in the parts of the engine. 

To give some light on this matter we may consider the devia- 
tion that would produce a given additional stress in the tunnel- 
shafting. For this purpose we may treat the shaft as a roimd 
beam fixed at the ends and loaded in the middle. From " Ap- 
plied Mechanics '' we have for the deflection at the middle 

I //2 
24 Ey 
where the letters have the following significance; / is the length, 
y the distance of most strained fiber from the axis of the section, 
/ is the stress in poimds per square inch and E is the modulus of 
elasticity for bending. 

As an example of the application of this method we may deter- 
mine the deflection which would produce a bending stress of 
1000 pounds in a shaft 100 feet long, and 12 inches in diameter. 
If E be taken as 28,000,000, the deflection becomes 

I ^^ 1000 X 1200 ^ . , 

Vq = — X — —r = 0.36 mch. 

24 28,000,000 X 6 
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If, however, the same calculation is made for the shaft between 
three pedestals covering a length of 40 feet, the deflection be- 
comes 

I 1000 X 480 ^ . , 

Vq-— X — = 0.06 mch. 

24 28,000,000 X 6 

It is apparent at once that the deflection to give 1000 pounds 
bending stress increases with the diameter, and that it is a ques- 
tion that must be determined for each case separately, whether 
the probable stress due to the power of the engine and to lack of 
alignment will be greater or smaller for a larger shaft. 

Mechanical Similitude. — Suppose that two engines of the 
same type are given the same steam pressure and the same piston- 
speed, then if they have the same general proportions, that is, 
if they have the same ratio of stroke to diameter, and the same 
ratio of connecting-rod to crank, they may be made geometri- 
cally similar throughout. A set of drawings made for one en- 
gine may be used for the other by simply changing the scale of 
the drawings. Thus if the new engine has twice the linear size 
of the old one, drawings to a scale of three inches to the foot may 
be measured with a scale of an inch and a half to the foot; the 
new engines will have four times the power of the old engine, 
and it must be urged that so long a step in the application of 
this method must be made with caution. 

It is at once evident that minor dimensions as of bolts and 
nuts and all parts made from merchantable standard stock 
may require modification so that to a considerable extent detail 
drawings must be remade, which greatly reduce the practical 
value of the method. 

This method was first clearly enunciated by Normand who gave 
instances of its successful application over fairly large ranges. 
He also pointed out its limitations, calling attention to the facts 
(i) that stresses which come from rolling and pitching do not 
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follow the assumption and (2) that allowable stresses are likely 
to decrease with the sizes of forgings. 

In order to recognize that this method is proper jve may con- 
sider that all the stresses in the members of an engine come from 
(i) the steam pressure, (2) the accelerating (or retarding) forces 
acting at the cross-head and (3) the centrifugal force of the 
crank-pin end of the connecting-rod. 

The steam pressure being assumed to be constant, the steam 
forces are proportional to the piston area, that is, to the square 
of a linear dimension. For the sake of definite conception it is 
convenient to take the diameter as the typical linear dimension 
to which all other dimensions of the engines or its parts are 
proportional. 

The accelerating forces are also proportional to the square of 
a linear dimension, that is to the square of the diameter of the 
piston. In the first place the revolutions per minute are in- 
versely proportional to the stroke of the engine, because the pis- 
ton-speed is constant, and the piston-speed is proportional to 
the product of the stroke multiplied by the revolutions; for 
completeness of statement it is to be recalled that the stroke is 
proportional to the diameter. 

Consider now the accelerating force acting on the weight of 
the parts applied at the wrist-pin; it is represented by the 
equation 

g nrr 



in which the factor 



a 



is independent of the dimensions of the engine. The weight 
and the mass are proportional to the cube of a linear dimension 
or to i^\ the revolutions are inversely proportional to a linear 
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dimension or to - ; the radius of the crank is, of course, propor- 
tional to d, ^ Consequently, 

It is therefore evident that the resultant downward force is 
proportional to the square of the diameter. The centrifugal 
force at the crank-pin is in like manner proportional to the 
square of the diameter. 

There are now three kinds of stresses in the members (such as 
the piston-rod or the crank-shaft) to consider: (i) direct stress, 
(2) bending and (3) torsion. 

(i) The direct stress is evidently the same for engines designed 
by this method of similitude, because the direct stress is found 
by dividing the force by the area of the section, which latter is 
proportional to the square of a linear dimension. 

(2) Take the usual equation for bending stress 

My, 

the moment M depends on a force which is proportional to the 
square of the piston-diameter and an arm which is proportional 
to a linear dimension or to the diameter. The distance of the 
most-strained fiber is a linear dimension proportional to the 
piston-diameter, and the moment of inertia of the section is 
proportional to the fourth power of a linear dimension. Conse- 
quently 

, d^d 

•^"^ 
and is therefore invariable. 

(3) The expansion for torsional stress has the same general 
form and leads to the same conclusion, namely that the stress 
does not vary from engine to engine. 
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The power of a steam engine depends on the steam pressure, 
the piston-speed and the area of the piston; the two former are 
constant for purposes of design by sjrmmetry and the area of 
the piston is proportional to the square of the piston-diameter; 
consequently the power is proportional to the square of a linear 
dimension such as the diameter of the piston. 

Conversely the linear dimensions (such as the diameter and 
stroke of the piston) are proportional to the square root of 
the power. Thus for four times the power the dimensions are 
doubled and a scale of three inches to the foot may be replaced 
by a scale of an inch and a half to the foot. 



CHAPTER V. 

BALANCING ENGINES. 

Since the necessity for balancing engines is shown by vibra- 
tion of the hull of the ship when the engine is not properly 
balanced, the study of balancing should be preceded by a con- 
sideration of vibration of steamships. 

Vibration of Steamships. — All steamships shake more or less 
when the engines are nmning, so that this effect is noticed only 
when the shaking is excessive, and as this usually occurs when a 
powerful engine is placed in a lightly built ship, it is commonly 
supposed that the vibrations are due to weakness of the hull. 
Yet some lightly built ships do not vibrate excessively and some 
strong ships shake violently. 

The hull of a ship is an elastic body having a natural time of 
vibration which depends on the strength of the structure and on 
the weight and distribution of the load carried. The simplest 
vibration which a ship may have, like that of an elastic rod, has 
two quiescent points, or nodes, near the ends, and one loop. 
This form of vibration is most readily produced by a vertically 
reciprocating body, like the piston of a single-cylinder engine, 
placed at the middle of the ship and thus at the middle of the 
loop, but it may be produced by a two or three cylinder engine 
placed near a node, as will appear later. More complicated 
vibrations with three or more nodes and two or more loops may 
be set up in a ship, and in addition a ship may have horizontal 
and torsional vibrations, but these latter are less likely to be 
troublesome and can more readily be treated after a discussion 

of simple vertical vibrations with two nodes and one loop. 

170 
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The hull of a ship is so complicated a structure, and the dis- 
tribution of the load is so irregular and likely to be so variable, 
that it does not appear possible to compute the location of the 
nodes or the time of vibration. It is, however, possible to as- 
sign a general form to the equation for the time of a single vibra- 
tion or the number of vibrations per minute with a constant to 
be determined from observation, and the location of the nodes 
may be found approximately from observations on different 
t3^es of ships. 

Any spring which has a deflection 5 under a steady load W can 
be shown to have a natural time of vibration represented by the 
equation 

/ = 7rV/^, (l) 

where g is the acceleration due to gravity; this equation may 
also be applied to a rod or beam or to a simple framed structure. 
In general, the deflection of a simple beam under a load is 
represented by the expression 

5oc -y-, (2) 

where W is the load, L is the length and / is the moment of 
inertia of the section of the beam. If this is assumed to hold 
for a ship which has the displacement of D tons and a moment 
of inertia /, at the midship-section, then the time of vibration 
of that ship in minutes may be represented by the equation 

'=-;v/f. (3) 

and the number of vibrations per minute may be assumed to be 

^ = <^^h}- (4) 
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In this equation the letters mean: 

N = number of single vibrations per minute. 

D = displacement in tons. 

L = length in feet. 

/ = moment of inertia of midship-section, the areas of the mem- 
bers being taken in square feet, and their distances from 
the neutral axis in feet. 

Schlick gives the following values for 

Toipedo-boat destroyer 157,000 

Transatlantic passenger ships 143,000 

Caigo ships 128,000 

A concentration of weight at the middle or the ends of a ship 
gives slower vibrations, and a concentration near the nodes gives 
quicker vibrations, but such a concentration as will give a sen- 
sible effect on vibrations is not likely to occur on the t3rpes of 
ships named, though it may be found in war-ships with heavy- 
guns in turrets. 

Schlick gives also the following for the locations of the nodes 
of vibrations of the first order with two nodes and one loop: 

Abaft the forward perpendicular, 0.310 to 0.365 the length; 

Forward of the after perpendicular, 0.321 to 0.365 the 
length. 

The vibrations thus far considered are of the whole structure 
of the ship and are not to be confused with local vibrations 
which may occur independently or in conjxmction with vibra- 
tions of the whole ship. Any lightly built ship is liable to have 
local vibrations near the engine, especially if it has a large num- 
ber of revolutions; a vibration like that of a drum-head may be 
found in the bottom of a shallow draught ship under the engine. 
Again there may be violent or even dangerous vibrations near 
the stern of a ship with a fine run, especially if the propeller 
is not balanced or if the blades have unequal pitch. Such local 
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vibrations may be stopped by local stiffening, or sometimes by 
staying the engine to other parts of the ship's structure, or 
by properly balancing the propeller. 

Schlick enumerates the following forces due to the working of 
the engine which may give rise to vibrations if they have a pul- 
sation which synchronizes with the natural vibration of the 
ship: 

1. The forward thrust of the propeller. 

2. The turning moment of the engine. 

3. The side pressure of the propeller, due to varying immer- 
sion of the blades. 

4. The effect of reciprocating masses. 

5. The effect of imbalanced rotating masses. 

The first three should be of small importance if the engine 
has two or more cranks properly arranged, and the third is not 
likely to affect the structure of the ship unless the propeller is 
out of balance or the blades have unequal pitch. The last two 
are the important effects which must be studied and properly 
compensated if possible. 

It is not necessary that the time of revolution of the engine 
shall be the same as that of the ship's vibration, for violent 
shaking is likely to occur when the time of revolution is a mul- 
tiple or submultiple of the time of vibration. 

Yarrow found that a certain torpedo boat 86 feet long showed 
violent vibrations when the engine, with the propeller discon- 
nected, ran at 200, 400, 600 or 8cx> revolutions per minute, and 
very Kttle vibration when the revolutions were 300, 500 or 700 
per minute. 

When the revolutions of the engine do not exactly synchro- 
nize with the time of vibration of the ship, the vibration passes 
through phases, increasing when the revolutions come into co- 
incidence with the vibrations and decreasing when the coinci- 
dence is lost. Ships with twin screws may show violent shaking 
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when the engines happen to act together, and then as one en- 
gine runs ahead of the other the shaking may stop. 

Paddle-wheel ships sometimes shake violently on account of 
a synchronism of the beating of the paddles with the vibrations 
of the hull. 

Reducing Vibrations. — If a ship vibrates excessively for any 
speed of the engine, the shaking may be avoided by running the 
engine at some other speed. Some ships have been foimd to 
vibrate badly when the engine is running at about three-fourths 
speed, but not at half speed or full speed. But most commonly 
the vibration is worst at or near full speed. Slowing the ship is 
usually out of the question, and then the next question is whether 
the engine may not be slowed by changing the pitch of the pro- 
peller without decreasing the speed of the ship; this can seldom 
be done because it requires the engine to develop its full power 
at a reduced speed and that can be only when the engine is 
really too large at the designed speed. Of course, a new design 
for a similar ship may avoid the difficulty by starting with a 
slower revolution for the engine. Very commonly the engine 
can be run at a higher speed after the pitch of the propeller is 
decreased, but the result is likely to be unsatisfactory because 
shaking will then be experienced whenever it is necessary to 
slow the ship on account of stress of weather or other 
cause. 

If the speed of the engine cannot be changed so as to reduce 
shaking, the next remedy is to increase the nimiber of vibrations 
of the hull of the ship by stiffening it. Since the members 
which add stiffness increase the strength of the ship, it is com- 
monly thought that the added strength is the desired effect, 
though it may be only incidental. Now, local stiffening, as of 
the bottom of a shallow steamboat, can more often be carried 
out than the stiffening of the general framing of the ship, conse- 
quently local vibration can be the more readily reduced by this 
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means, especially as it can often be obtained by a better connec- 
tion of members already in the ship. The stiffening of a large 
ship will usually demand such expense and addition to the hull 
weight as to be prohibitive. Of course the synchronism of the 
revolutions of the engine and the vibration of the hull may be 
avoided by decreasing the stiffness of the hull, but that can 
seldom be allowed and has also the bad effect that shaking will 
be felt at reduced speed. 

Free Force and Rocking Couple. — It has already been pointed 
out that simple vibrations with one loop and two nodes may be 
set up by a pulsating force near the middle of the ship. Such 
a force may be foimd in the accelerating (and retarding) force 
acting on the moving parts of a single-cylinder engine. This 
unbalanced accelerating force may be called a free force. If 
such an engine is placed near the middle of a loop for more 
complicated vibrations (for example, one with three nodes and 
two loops), it gives rise to vibrations of that order, provided 
that its time of revolution synchronizes with the vibration; 
again, the revolutions may be a multiple or submultiple of the 
number of vibrations as was pointed out for simple vibrations. 
It follows that a single-cylinder engine may give rise to vibra- 
tions whatever its location, for it will tend to set up vibrations 
of such an order as will have a loop at or near the engine; 
nevertheless there is less and less danger of bad shaking as the 
number of loops and the number of vibrations per minute in- 
crease, so that if simple vibrations are avoided, shaking is not 
likely to be troublesome. 

A single-cylinder engine placed at or near a node, for a cer- 
tain order of vibration, will have very little influence to produce 
vibration of that order. 

Suppose that a two-cylinder engine with cranks opposite has 
long connecting-rods and moving parts which have the same 
weight. Then the accelerating force for one pistpn and the con- 
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nected parts will be opposite to that at the other, and the forces 
will be nearly equal. The two forces will produce a couple, and 
if this couple is applied at or near a node it may give rise to 
vibrations provided that the revolutions of the engine synchro- 
nize with the vibrations of the ship. Such an engine can have 
little or no effect when found at a loop. 

If all the accelerating forces acting at the several systems of 
reciprocating parts of any engine with two or more cranks be 
determined and combined, the resultant at any time will be a 
force and a couple provided that we take into accoimt only the 
forces and components of forces in a plane through the cylin- 
ders of the engine which are supposed to be arranged in the 
usual way for vertical marine engines. The free force will tend 
to produce vibrations if the engine is at or near a loop, and the 
rocking couple will tend to produce vibrations if the engine is 
at or near a node. 

Three-cylinder Engine near Node. — The most common form 
of marine engine is a three-cylinder triple-expansion engine, with 
the cranks at 120 degrees; and, with the usual arrangement of 
engine and boiler, this engine is a little forward of the after 
node. Schlick points out a way in which this engine may be 
placed to give the least trouble from vibration provided the dis- 
tance between cylinders is constant. In the first place, he gives 
as the relative weights of the low-pressure, intermediate and 
high-pressure reciprocating parts 

low : intermediate : high :: i : 0.82 : 0.73. 

He then asserts that the best location will be foimd with the 
low-pressure cylinder five times the distance between cyKnders 
forward of the node. 

To show that this is so we may consider that when the high- 
pressure crank is at the angle <l> from a dead point, the inter- 
mediate crank may be at the angle + 120 degrees, and the^ 
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low-pressure crank at + 240 degrees. Assuming harmonic 
motion for the pistons, we shall have for the accelerations 

(high) aV cos 4>, 

(intermediate) aV cos (<^ + 120°), 
(low) aV cos (<^ + 240°) ; 

or, expanding and reducing, we have 

(high) aVcos<^, 

(intermediate) aV (cos 120° cos <^ — sin 120° sin <^), 

(low) a V (cos 240° cos <t> — sin 240° sin <t>) ; 

consequently we have 

(high) aV cos <l>, 

(intermediate) aV ( — sin 30° cos — cos 30° sin <^), 

(low) a V ( — sin 30*^ cos <l> + cos 30° sin <t>) . 

These accelerations are to be multiplied by the masses of the 
several reciprocating parts to find the corresponding accelerating 
forces; and then moments may be taken about an axis through 
the node to find the resultant rocking moment. But the masses 
are in the proportion 

I : 0.82 : 0.73 

and the distances are in the proportion 

5:6:7, 

so that the products of mass by distance have the proportion 

S 14.92 :s.ii, 

which may be roughly taken to be equal to 5 for all cylinders. 
Consequently the moments of the accelerating forces about an 
axis through the node are proportional to the accelerations 
given by the equations above. If these accelerations for any 
angle are summed up, the result is zero. "Consequently there 
will be no rocking moment and the engine will not set up 
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vibrations because the free force near a node has little or no 
effect. If the weights of the reciprocating parts have ratios 
differing from those given by Schlick, the above residts will 
also differ numerically, but not very widely. 

Should the engine be abaft the node and with its low-pressure 
cylinder forward, and at a distance from the node equal to five 
times the common distance between cylinders, the same result 
will be attained. 

This method, which appears to be a simple and elegant 
method of avoiding vibrations, can seldom, if ever, be applied, 
because we do not know the location of the node well enough, 
because the engine must be placed so as to give proper trim or 
stowage, and because the motion of the pistons of marine en- 
gines are not even approximately harmonic. 

Balancing Engines. — Since a free pulsating force applied any- 
where in a ship has a tendency to set up vibrations of some 
order, and since the same effect may be produced by a pulsating 
rocking couple, it is desirable that all engines should be balanced 
so that free forces and rocking couples shall not be developed. 
The complete balancing of an engine must take account of the 
direct accelerations of pistons, piston-rods, cross-heads, and 
connecting-rods, the direct accelerations of valves and valve- 
gears, the effects of air-pumps, feed-pumps, and their beams 
and links, and the effects of rotating parts. The transverse 
accelerations of connecting-rods are usually neglected in all 
schemes for balancing engines; considering that a marine con- 
necting-rod may have its weight applied at the wrist-pin and the 
crank-pin such a procedure appears to be justified. But very 
high-speed engines may give troublesome vibration from the side- 
swing of the connecting-rod. In dealing with valves and their 
gears, the motion may be assumed to be harmonic, and the weight 
considered may include the weights of the valve, the valve- 
spindle and its head, the eccentric-rod and strap and half the 
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weight of the link. Since even for large double-ported valves 
the accelerating force for the valve and gear is only a fraction 
of that for the piston and the connected parts, we may neglect 
the backing eccentric-rod and strap, and the other half of the 
link; if it is considered worth while to include these parts in 
the balancing of the engine, we may proceed as though the 
motion of the backing link-pin were on the line of centers, in- 
stead of making an angle of fifteen or twenty degrees with the 
center line of the engine. 

The air-pump when driven by the main engine is worked 
through imequal armed levers, so as to have a shorter stroke 
than the cross-head to which it is attached; this is usually the 
low-pressure cross-head. The links connecting the beam or 
beams to the cross-head of the engine may be added directly to 
it, and the moving parts of the air-pump may be taken to in- 
clude the links at the end of the beam, the air-pump cross-head, 
the bucket and rod and the pump-plungers. The weight of all 
these parts may be multiplied by the ratio of the arms of the 
lever, and then the result may be subtracted from the weight 
of the cross-head and the attached parts. To take accoimt of 
the beams we should properly assume the weight of each arm 
to be concentrated at the center of gyration, and take moments 
of those weights about the beam axis by multiplying these 
weights by the radii of gyration; the moments with contrary 
sign are then to be added and the resultant moment is to be 
divided by the length of the arm, which is connected to the 
cross-head of the engine, to find the weight to be added to the 
cross-head. This method is laborious and troublesome; for a 
crude approximation we may find the center of gravity of the 
beams, and multiply the entire weight of the beams by the dis- 
tance from the axis, and divide by the length of the arm con- 
nected to the engine cross-head to fiind the weight to be added to 
it. The final effect of taking account of the air pump and the 
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connected parts is to partly counterbalance the low-pressure 
piston to which it is attached. 

In considering the balancing of engines we may lay down as 
elementary principles that the direct throw or accelerating force 
of a reciprocating part can be balanced only by that of another 
reciprocating part, that a transverse throw can be balanced only 
by another transverse throw, and that the eflFect of rotating 
eccentric masses can be balanced only by other rotating masses. 
Again, the reciprocating parts, to give an exact balance, must 
have the same kind of motion, i.e., both towards the crank- 
shaft or both away from that shaft since the accelerations at 
the opposite ends of the stroke of a piston or other reciprocating 
parts are very imequal when the rods are not long. Finally a 
complete balance demands that there shall be no resultant free 
forces and no resultant rocking couples. Such complete balance 
of an engine is seldom practicable, consequently the balancing 
of an engine usually consists in reducing free forces and rocking 
couples to as small amoimts as possible. Also the counter- 
balancing of an engine is sometimes attempted by offsetting 
reciprocating parts by unbalanced rotating masses; this method 
is radically defective in principle, for a rotating eccentric mass 
develops a constant centrifugal force which is turned in succes- 
sion towards all directions around the circle; this centrifugal 
force may be resolved into direct and transverse components of 
which the first may indeed mitigate the effect of the accelerating 
force of a reciprocating mass, but the transverse component 
will be the cause of vibrations that may be as troublesome as 
those due to the unbalanced reciprocating mass. 

Rotating Parts. — Attention has been given mainly to the 
accelerating forces of reciprocating parts and to the free forces 
and rocking couples that may be due to them. An imbalanced 
or eccentric rotating mass develops a constant centrifugal force 
which is always directed from the axis of rotation through the 
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center of gravity of the mass. Since this force is directed alter- 
nately up and down it may develop vibration exactly as a re- 
ciprocating part does. Again two or more rotating masses may 
have their common center of gravity in the axis of rotation so 
that there is no free force and yet may have imbalanced moments 
which can set up vibrations. 

A crank-shaft, including cranks, eccentrics and other rotating 
parts, may always be balanced so as to be free from xmbalanced 
forces and from rocking couples, and should always be balanced 
for high-speed engines, unless it is considered desirable to resort 
to the use of imbalanced rotating masses to mitigate the effect 
of unbalanced reciprocating parts. 

As illustrations of unbalanced forces and moments from crank- 
shafts, we may instance the crank-shafts for a single-cylinder, 
for a two-cylinder and for a three-cylinder engine. A single 
crank will not have any rocking couple but will have a single 
free force which will be likely to cause vibrations when the 
engine is at a loop. A two-cylinder engine with cranks at right 
angles will have a free force and a rocking couple. A three- 
cylinder engine with the cranks at 120 degrees will have no free 
force (provided the reciprocating parts have all the same weight), 
but will have a rocking couple. 

There are two ways of balancing the crank-shaft; either we 
may balance each eccentric part separately, or we may combine 
all the coimterbalance weights into two, one of which may be 
forward of the engine and the other abaft the engine. The first 
method will call for a counterbalance weight forming a prolonga- 
tion of each crank-web, the moment of the two weights being 
equal to that of the crank-pin and two webs about the axis of 
rotation. If the counterbalance weight is wide and thick it 
may be short, and a short coimterbalance weight will be heavy. 
One disadvantage of counterbalance weights at the cranks is 
that they interfere with the proper attention to the crank-pin 
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and main bearings. This method will demand that the eccen- 
trics shall also be counterbalanced individually, which may be 
very inconvenient; of course imbalanced eccentrics have less 
influence than unbalanced cranks. 

If two counterbalance weights are to be used to coimter- 
balance the entire engine, we may proceed as follows: 

(i) Select two planes, one near the forward end of the engine 
and another near the after end of the engine; the latter may be 
at the worm-wheel of the turning engine, and the former at a 
disk near the forward end of the engine; each must be outside 
of the nearest imbalanced eccentric part. (2) For each indi- 
vidual eccentric part determine the proper counterweight just as 
if it were to be applied individually; for a crank, this counter- 
balance may conveniently be taken at a distance from the axis 
equal to the length of the crank, and for an eccentric, at the 
eccentricity; the moment of the coimterbalance weight about 
the axis must be equal to that of the unbalanced part, as, for 
example, that of the crank-pin and crank-webs. Divide this 
counterbalance weight into parts that are inversely proportional 
to the distance from the planes at which the resultant coimter- 
balances are to be applied. (3) To find the counterweights to 
be applied it is necessary only to find the center of gravity of all 
the counterweights for the several cranks and eccentrics at each 
counterbalance plane, and to apply at the center of gravity for 
a given plane a weight equal to the sum of all the individual 
counterweights. 

Should it be inconvenient to place the counterweight at the 
center of gravity as determined, we may use a smaller weight at 
a greater distance from the axis of the shaft, the weight and dis- 
tance being chosen so that the moment shall be the same as that 
of the total weight at the center of gravity. 

Thus far we have considered only the crank-shaft proper and 
its parts; a shaft properly counterbalanced either part by part 
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or at two planes will run quietly when suspended, and shop tests 
for counterbalancing can therefore be made. But in dealing 
with the whole engine it is clear that the weight of the crank- 
pin boxes of the connecting-rod should be added to the weight 
of the crank-pin and the shaft by itself will not then be in 
balance. 

The work for counterbalancing the engine of the Revenue 
Cutter Manning by the method just stated is given by Figs. 41a 
and 416. This engine has three cranks in the order high- 
pressure, low-pressure and intermediate. The high-pressure 
crank is assumed to be at the top-end dead point which may be 
taken as o degrees. Standing in the engine room and looking 
forward, the intermediate crank would then be at 120 degrees 
and the low-pressure crank at 240 degrees in right-handed rota- 
tion. The cranks have a radius of 15 inches and the eccentrics 
have an eccentricity of 3I inches and an angular advance of 
37 degrees. To simplify the example the pairs of eccentrics are 
treated each as one eccentric mass with the center of gravity on 
a line joining the centers; the resultant mass is consequently 
opposite the corresponding crank. 

The weight assumed to be concentrated at the crank-pin is in 
each case 2710 pounds, and the weight attributed to a pair of 
eccentrics is 1000 pounds; in each case the weight is such as to 
make the moment equal to the resultant moment of the several 
parts entering into the computation. In this example the weight 
of the crank-pin boxes of the connecting-rod was added in, so 
that the cranks individually are overbalanced. The other parts 
entering into the computation are the crank-webs and the 
crank-pin. 

The distances of the several elements forward of the after 
coimterbalancing plane are as follows: 
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Feet 

Low-pressure eccentrics i 

Low-pressure crank 4.79 

Intermediate crank 9.54 

Intermediate eccentrics 12.25 

High-pressure crank 15.08 

High-pressure eccentrics 17.66 

Forward plane 18.58 

The weight at the high-pressure crank is divided as follows: 

2710 X 15.08 -^ 18.58 = 2200. 
2710 — 2200 = 510. 

The former is at the forward plane and the latter is at the after 
plane in Figs. 41a and 416; both are at 180 degrees. It must be 
considered that the two planes are represented in Figs. 41a and 
416 as they would be seen by a person astern of the after plane 
and forward of the forward plane. The weight at the interme- 
diate plane is divided into the parts 1319 and 1391. 





Fig. 41a. After plane looking forward. Fig. 416. Forward plane looking aft. 



To find the center of gravity of the coimterweights for the 
cranks at the forward plane we may join those for the interme- 
diate and low-pressure cranks and divide the connecting-lines 
inversely as the weights; the point thus located is to be joined 
to the high-pressure counterbalance weight and that line is 
divided in like manner. Thus the point A is determined. The 
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same method determines the point C for the eccentric, and 
finally the point B may be determined for the resultant center 
of gravity. The weight applied at B would be 5953 poimds, 
found by summing the six several counterbalance weights. The 
distance of B from the axis is 2.78 inches; if the counterbalance 
weight is set with its center of gravity 12 inches from the axis, 
its weight will be 

S953 X 2.78 -^ 12 = 1379 pounds. 

The weight at the after plane determined in the same way will 
be 2637 pounds. It will be seen that much less weight is de- 
manded than for an individual balancing of each mass. 

The counterbalance weights each make an angle of 25 degrees 
with the vertical as shown in Figs. 41a and 416. 

This method of counterbalancing has the advantage that the 
weight of metal used for the counterbalance may be but a frac- 
tion of that demanded by the method of counterbalancing each 
part individually. It, however, assumes that the engine bed is 
rigid, which is far from being true for light high-speed engines; 
and it has the disadvantage that the centrifugal forces for the 
several eccentric parts, not being counterbalanced at those parts, 
give pressures on the bearings which produce more friction and 
greater liabiUty of heating. This method avoids the interference 
to which counterweights at the cranks give rise, in the care of 
crank-pins and main bearings by the oilers. 

Counterbalancing Eccentrics. — When the crank-shaft and 
attached eccentric parts are counterbalanced at two places, one 
forward of and one abaft the engine, the eccentrics are, of course, 
included without trouble and may even aid in the final counter- 
balancing. But if the parts are coimterbalanced individually 
the eccentrics require special treatment. A pair of eccentrics 
between two cranks may be counterbalanced at these cranks by 
an adaptation of the method of balancing at selected planes. 
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The effect at the crank with which the eccentrics are associated 
is only to reduce the amount of the counterbalance of that 
crank; the other crank used for this purpose gets in conse- 
quence an unsymmetrical counterbalance. Eccentrics which 
come right forward (or aft) of the engine must be compensated 
as well as may be at the nearest crank and will give rise to a 
small rocking couple. 

Balancing Engines. — An engine may be said to be balanced 
when the rotating parts are counterbalanced and the recipro- 
cating parts are so arranged that the free forces and rocking 
couples are so far reduced as not to be very troublesome; a 
complete balancing of reciprocating parts for engines with short 
connecting-rods is not possible for engines of the usual type and 
with the ordinary number of cylinders. It will be convenient 
to treat engines in classes depending on the number of the 
cranks, and afterwards to describe a few special methods of 
balancing. 

Single-crank Engine. — A single-crank engine has a single- 
unbalanced free force but no rocking couple. There is no good 
way of balancing the free force. The best result will probably 
be obtained by balancing the crank-shaft including the crank- 
pin boxes and the eccentrics. The counterbalances are likely 
to be opposite the crank-webs. The eccentrics will usually be 
counterbalanced at the nearest crank-web and will, therefore, 
give rise to a small rocking couple. Since the eccentrics have 
the same angular advance, their counterbalance will simply 
reduce that for the crank at that crank-web. 

If there is an eccentric for driving a bilge pump it may be made 
to serve as the counterbalance for the eccentrics. If the eccen- 
trics are at the after end of the engine a complete balance can be 
had by making use of the turning wheel or worm wheel as well 
as the nearest crank; but this arrangement is seldom, if ever, 
found. 
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If the shaking of a boat by a single-crank engine is very bad 
an effort may be made to reduce it by overbalancing the crank; 
the amount of overbalancing must be determined by trial or ex- 
perience, by which last term is meant the result of former trials. 
In this place it is useful to note that the accelerating forces 
at top and bottom of the stroke of an engine which has a 
short connecting-rod are very imequal, so that if it were desired 
to completely balance the vertical free force of the reciprocating 
parts by overbalancing the cranks, an exact result would be im- 
possible. The following table shows the ratios of these forces 
for several lengths of connecting-rod: 



Katio of crank to connecting- 
rod. 


Ratio of accelerating forces, 
head end to crank end. 


I '4 
I : 5 
I :6 

I : 7 


1.7 : I 

1.5 : I 
1.4 : I 

1.3 : I 



It is sometimes assumed that the transverse vibrations due to 
overbalancing the cranks will be less troublesome than vertical 
vibrations due to the accelerating forces of a single piston, but 
there seems to be no warrant for this assumption, since the 
moment of inertia of the section of a ship is greater about a 
horizontal axis than about a vertical axis, and consequently the 
ship is stiffer vertically than horizontally. An open, undecked 
boat may be stiffer horizontally. 

In addition to the main or propelling engine, a ship may have a 
large number of auxiliary engines. Some of these may run at a 
very high speed, and if imbalanced may cause troublesome local 
shaking. Very commonly these engines for simplicity are made 
with one cylinder, in which case the remarks already made for 
this type of engine need no addition; the engine may be vertical 
or horizontal, and in either case its location will determine 
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whether the shaJdng is most likely to be troublesome if (i) the 
engine has the crank-shaft (including the lower end of the con- 
necting-rod) properly counterbalanced, or if (2) the crank is 
overbalanced to mitigate the efifect of the accelerating forces. 

Two-crank Engines. — A two-crank main or propelling en- 
gine always has the cranks at right angles to give as little varia- 
tion as may be in the turning moment; such an engine has 
both free forces and rocking couples neither of which can be 
properly balanced. The eccentric parts of the crank-shaft may, 
of course, be balanced, including, if desired, the crank end of 
the connecting-rod. The cranks may be overbalanced indi- 
vidually to mitigate the effect of the free forces, or the collective 
counterbalancing at two points forward and aft may be over- 
done to the same extent, provided the engine bed is stiff enough, 
remembering that the unbalanced revolving counterweights will 
give rise to horizontal free forces and rocking couples. There 
may be some advantage in making the pistons of a two-crank 
engine of equal weight, in which case the result should be sought 
by reducing first the weight of the large piston and afterwards 
by increasing the weight of the smaU piston; but the large 
piston of any high-speed engine should be made as light as is 
safe. 

Many auxiliary engines are given two cranks to give a more 
imiform turning moment, to allow of compounding, or to provide 
for balancing; the first and last conditions are inconsistent, and 
in general the last condition should be chosen for high-speed 
auxiliary engines, which may give much trouble from vibrations 
and hot bearings if imbalanced. 

A complete balance of free forces can be had for a two-crank 
engine with cranks opposite and with cylinders on opposite 
sides of the crank-shaft; the crank-shaft may have but two 
bearings, and the cranks may be so close together that the in- 
termediate crank-webs may coalesce, in which case the rocking 
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couple will be small. If the work is evenly divided between the 
two cylinders, the forces applied by the two connecting-rods to 
the opposite cranks will be nearly equal, and there will be very 
little pressure on the shaft bearings, which should nm cool with 
moderate areas. This type of engine may be applied to fast 
centrifugal fans; but the tendency is to run such fans by electric 
motors or steam turbines, which nm quietly at all speeds. 

Two-cylinder auxiliary engines commonly have the cylinders 
side by side, and the cranks are either at right angles or opposite. 
The first arrangement is chosen when uniformity of turning 
moment is desired, and the second is taken as a means of bal- 
ancing the reciprocating parts, although the balance by this 
method is very imperfect even if the two pistons are of equal 
weight. In the first place the accelerating forces are very un- 
equal at the two ends of the stroke unless the connecting-rod is 
imusually long. And in the second place the distance between 
the cranks makes the rocking couple of importance. 

The following method was devised by Mr. N. G. Herreshoflf 
for reducing the rocking couple of two-cylinder eiigines. The 
center line of one cylinder and its reciprocating parts is in- 
clined 15 or 20 degrees to one side (port) and the axis of the 
other a like angle to the other side (starboard) so that the 
cylinders may be closed up fore and aft until the intermediate 
crank-webs coalesce, as previously described for cylinders on 
opposite sides of the shaft. The cranks are opposite and the 
pistons do not come to the dead points at the same time; the 
balance of free forces is not quite so good on this account. This 
method has been extensively used by Thomycroft for four-crank 
torpedo-boat engines; the forward pair of cranks are opposite 
as are also the after pair; the pairs are at right angles to give 
good turning moments. 

Three-crank Engines. — After the triple engine became estab- 
lished for marine work, the usual and almost universal arrange- 
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ment was with three cylinders and three cranks at 120 degrees, 
and this type is more nxunerous to-day than all other arrange- 
ments. At moderate speeds this type of engine, without any 
special attention to balancing, runs very smoothly. Usually the 
piston-rods, cross-heads and connecting-rods are identical for 
all cylinders, and consequently the total weights of moving 
parts are not very unequal; Schlick, as already mentioned, 
gives for the ratio of these weights — 

low : intermediate : high :: i : 0.82 : 0.73. 

It is necessary only to make the weights of the pistons the same 
to have all the weights alike. 

If the reciprocating parts for all cylinders of a three-crank 
engine have the same weights, there will be no free force; to 
make this evident take one of the cranks at any angle and the 
other two at 120 degrees from it, and look up the value of the 
factor for accelerating forces. Thus, in the table for the con- 
necting-rod four times as long as the crank, the factor at o de- 
gree is — 0.01371, and the factor at 120 degrees is 0.00685, which 
when multiplied by two gives 0.01370; the simi of these quanti- 
ties is zero. In like manner at 10 degrees the factor is —0.01338, 
and the factors at 130 and 250 degrees are 0.00589 and 0.00749 
which when added give 0.01338 so that the sum is zero. If 
the eccentrics all have the same angular advance and if all the 
valves have the same weight, they will, in like manner, be 
free from free forces; but the effect of the free forces of valve 
gears is less important, and on the other hand the weights of 
valves are more unequal. 

The three-crank engine is likely to have troublesome 
rocking couples both from unbalanced revolving parts and 
from the reciprocating parts. The first can and should be 
eliminated when the speed is high. The second cannot be 
avoided. 
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In dealing with a three-crank, high-speed engine we should 
proceed as follows: make all the reciprocating parts of the same 
weight, first making the largest piston as light as possible and 
afterwards increasing the weights of the other two until all 
pistons have the same weight; balance the revolving parts, 
counting the crank ends of the connecting-rod in with the crank- 
pins; stay the cylinders fore and aft to the deck in such a man- 
ner as not to interfere with expansion due to heat. This method 
is used with success by Normand for torpedo boats; he balances 
the cranks individually and adds the counterbalances for the 
eccentrics to those of the cranks. 

Some fast twin-screw passenger ships with imbalanced three- 
crank engines vibrate in a very uncomfortable way. The vibra- 
tions are periodic with quiet intervals, the vibrations occurring 
when the two low-pressure cylinders are concordant, rising and 
falling together; when these pistons lose concordance on account 
of one engine running ahead of the other there is a quiet period. 
It is evident that the vibrations for such a case could be reduced 
and perhaps made unimportant by the simple device of mak- 
ing all the pistons of the same weight. 

Another way of dealing with this difficulty is to connect the 
two engine shafts with some differential gear, which can stand 
at rest only when the engines are running at identically the same 
rate, and connect this gear to the throttle-valve of the engine 
which tends to nm faster. The latter will thus be automatically 
slowed down to the speed of the companion engine, and if the 
low-pressure pistons make strokes in opposite directions the 
most favorable condition will be had. 

Four-crank Engines. — A complete balance of the free forces 
and rocking couples of a four-crank engine is not possible; but 
by using certain devices (which have received much attention 
from engineers), the conditions may be so ameliorated that the 
shaking is not excessive. The reports from the application of 
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these methods on some ships have been very satisfactory, but 
on other occasions there has been serious disappointment. It 
is probable that the reduction of free forces and rocking couples 
is much the same in all cases and that the success or disappoint- 
ment is due to the relation of the remaining pulsations to the 
time of vibration of the hull, or else to the location of the engine 
relative to nodes. 

The most obvious method of balancing a four-crank engine 
is to place the two forward cranks opposite, and also the after 
pair of cranks, the pairs of cranks being at right angles. At the 
same time it is desirable to give the same weight to all the pis- 
tons. The free forces of a pair of cranks lack balance on account 
of the inequality of accelerations at the top and bottom of the 
stroke as shown on page 187, but the combined free forces for 
the four cylinders give a very fair compensation. The rocking 
couples are due to the fore-and-aft separation of the cylinders 
of a pair of cranks; such cylinders should be placed back to 
back with the valve-gears turned one forward and the other 
aft. On yachts and torpedo boats where there is fair head- 
room so that relatively long strokes are possible, Herreshoff's 
method as given on page 189 may be used to advantage. When 
a short stroke is necessary the cylinder cannot be closed up as 
required at reasonably small angles. 

The turning moment for a four-crank engine arranged in pairs 
is no better than that of the two-cylinder quarter-crank engine; 
the tinning moment is consequently less uniform than for a 
three-crank engine. 

All the special methods of balancing four-crank engines start 
in efifect from the obvious arrangement in quarter-crank pairs of 
cranks, and try by shifting some of the cranks various angles 
(up to 30 degrees) and changing weights of reciprocating parts 
to reduce the resultant free forces and rocking couples. The 
most complete study of this matter which has been published 
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is that by Naval Constructor D. W. Taylor,* U. S. N., which may 
be read with profit by any one specially interested. Beginning 
with the foremost crank at the dead point, he finds that the 
forward-middle crank may have an angle of from 135 to 160 
degrees, that the after-middle crank may be at about 270 degrees, 
and the aftermost crank may be at 45 to 60 degrees. The weights 
of reciprocating parts may be (i) forward crank unity, (2) for- 
ward-middle crank 1.5, (3) after-middle crank between i and 2, 
and finally the aftermost crank may have a weight of unity. It 
will be evident that the first and third cranks are at right angles 
(or nearly so) ; the first and second cranks are at about 160 de- 
grees; and the third and fourth cranks are about 150 degrees 
apart. 

A four-crank triple engine will have about one-third of the 
power developed in the high-pressure cylinder and another third 
in the intermediate cylinder; the two low-pressure cylinders 
will develop about one-sixth of the power. The piston-rod, 
cross-head and connecting-rod for a low-pressure cylinder may 
be made lighter than for the high or intermediate cylinders. 
It will be found convenient and will give a fair lead of steam 
from cylinder to cylinder to place the two low-pressure cylin- 
ders at the ends of the engine, one right forward and the other 
aft. The high and intermediate cylinders will come between. 

A four-crank quadruple engine may have the two large cylin- 
ders (second intermediate and low-pressure) in the middle and 
the high-pressure right forward, while the first intermediate 
comes right aft. The lead of steam from the high-pressure 
cylinder to the first intermediate is the entire length of the 
engine; from there the lead may be good if the second inter- 
mediate cylinder is next to the first intermediate. 

The best arrangement of crank-angles and weights of recip- 
rocating parts is to be had by trial using polar diagrams (or 
♦ Trans. Am. Soc. Naval Archts. and Marine Engs., 1901. 
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rectangular diagrams if preferred) of free forces and rocking 
moments. 

A polar diagram may be made for the reciprocating parts 
and valve-gears for each cylinder on tracing cloth; these dia- 
grams are of course independent of the arrangements of cranks. 

Rocking couples for a given cylinder may be computed by 
multiplying the free forces by the distance from the chosen 
place of reference. The rocking couples will of course require 
recomputation if the fore-and-aft order of the cylinders should 
be changed. Polar diagrams of rocking couples may also be 
drawn for each cylinder on tracing cloth. 

The polar diagrams for free forces may be superposed with 
cranks in a selected order. The polar diagrams for rocking 
couples may likewise be superposed. The resultant free force 
and rocking couples may be taken from the superposed diagrams 
and resultant diagrams constructed. 

Trials may be made by shifting crank-angles to see if more 
satisfactory results are possible. If the best arrangement is 
imsatisfactory new diagrams may be drawn after the weights of 
reciprocating parts are changed at discretion. In like manner 
the locations or fore-and-aft arrangements of cylinders may be 
changed and new trials may be made. Such trials and retrials 
are tedious and will be undertaken only when reduction of shak- 
ing is very important. 

It is customary to take the reference plane for rocking couples 
{i,e,j for moments) through the center of gravity of the engine 
including bed (cast-steel or cast-iron), but not the foundation 
(built of plates and angle-bars). This center of gravity will not 
be far from the middle of the length of the engines, being con- 
trolled mainly by the weights and arrangements of the cylinders. 
It is to be borne in mind that arms in one direction (forward) 
are positive and in the other negative. A negative force and 
negative arm of course give a positive moment. 
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For illustration there is taken the case of a four-cylinder 
triple engine with the two low-pressure cylinders at the ends, 
one right forward and the other right aft. The high-pressure 
cylinder is forward of the intermediate cylinder, so that the 
order is first low, high, intermediate and second low. The 
cranks are arranged in the order shown by Fig. 46; starting 
with the forward or first low-pressure crank at the top or at 
o degrees, the second low-pressure crank is at 90 degrees, the 
intermediate is at 150 degrees and the high-pressure is at 250 
degrees. 

The free forces are shown by the full-line curves of Figs. 42, 
43, 44 and 45. The rocking moments are shown by the dotted 
curves on all the figures except that for the first low-pressure 
cylinder, in which this curve is drawn coincident with the curve 
of free forces. In any case the general form of the curve of 
moments is like the curve of free forces because a moment is 
fo\md by multiplying the force by its arm and the arm is con- 
stant for a given cylinder. In this case the arm for the first 
low-pressure cylinder is taken as imity and aU other arms are 
fractions. The moment curves for the first low-pressure and for 
the high-pressure cylinder lie on the same side of the diagram 
as the force curves because these cylinders are forward of the 
center of gravity and the arms are positive. The moment 
curves for the intermediate and low-pressure curves lie on the 
opposite sides of the diagram because the moment arms are 
negative. 

Fig. 46 shows the resultant free-force curve in a full line 
and the resultant rocking moment curve in a dotted line. 
The illustration given shows a fair compensation but not a 
good one and it is probable that a retrial would give a 
better result. 

This illustration lacks two characteristics of a properly solved 
problem; in the first place the valves are not included in the 
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Fig. 42. 



Fig. 43. 




Fig. 44. 



Fig. 45. 
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discussion and these would modify both free force and moments 
appreciably; and in the 
second place the weights 
of the reciprocating parts 
are not adjusted to give 
the best results. As 
pointed out by Mr. Tay- 
lor the middle cylinders 
may advantageously High 
have larger weights than 
the end cylinders, either 
from the general engine 
design or from special 
loading of the pistons. 



260° 




Intermediate 
150° 



Fig. 46. 



A special method of balancing of this sort has been patented 
under the name of the Yarrow-Schlick-Tweedy method, but as 
the patentees are in the habit of computing and selling special 
problems to engine builders neither the details of their method 
nor the limits of their legal rights are known. 

Six-crank Engine. — In the discussion of the three-crank en- 
gine, it appeared that a complete balance of the free forces could 
be obtained by giving the same weight to all the reciprocating 
parts, and the valve-gear may be balanced in the same way, 
provided the eccentrics have the same angular advance; there 
will be unbalanced rocking moments due to both the main re- 
ciprocating parts and to the valve-gear. 

If, now, two three-crank engines with identical arrangements 
of cranks and eccentrics and with the same weight for aU recip- 
rocating parts and the same weight for all valve-gears are taken, 
if one engine is changed end for end and the two engines are 
coupled with the two inner cranks together, a six-crank engine 
will result which is completely balanced for both forces and 
moments. The revolving parts, cranks and eccentrics will 
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naturally be all alike, and the crank-shaft for the six-crank 
engine will consequently be balanced also. 

Steam engines seldom if ever have six cranks; internal com- 
bustion engines have been satisfactorily balanced by this 
method, giving also a good secession of explosions. 

Five-crank Engine. — If the two inside cranks of a six-crank 
engine are united to form a single crank, and if the connected 
reciprocating parts have double the weight of those for the other 
cranks, then this engine will have complete balance of free 
forces and rocking couples. Such engines are very unlikely to 
be built and are therefore of academic interest only. 

Instnunents for Measuring Vibrations. — Any instnunent 
for measuring vibrations of a ship, or any other structure, may 
take the form of a weight, suspended on long and weak springs, 
which consequently can respond to very slow vibrations only. 
The suspended weight, consequently, is afiPected little, if at all, 
by the vibrations of a ship and will remain practically at rest. 
The instrument may have a pencil that traces vibrations on a 
slip of paper that is moved by clockwork; the nimiber of vibra- 
tions per minute or per second can be determined from the rate 
of motion of the paper. 

Mr. Yarrow * describes such an instnunent which has a plat- 
form suspended at four comers by long rubber cords. On the 
platform is the recording device, which remains at rest; a pencil 
on the supporting frame, which vibrates with the ship, draws a 
curve of vibrations. 

Mr. Schlick j has a more elaborate instrument which has the 
recording device on the frame of the ship, and it consequently 
vibrates vnth the ship. A weighted lever is connected to the 
frame in such a way that only vibrations synchronous with the 
natural vibrations of the lever can affect it. By changing 

♦ Trans. Inst. Naval Archts., Vol. 33, 
t Ibid., Vol. 34. 
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springs and shifting the vibrating weight the natural time of 
the lever can be varied widely. The lever carries a pencil, 
which traces a line of vibrations. The instnunent has two 
levers, one for vertical, and the other for horizontal, vibrations. 
The location of nodes and times of vibration, as reported by 
Schlick on page 172, were determined by his instnunent. By its 
aid he was able to attribute a certain vibration on the Maure- 
tania to error of pitch of a particular blade of one of the pro- 
pellers, which was afterwards corrected. 



CHAPTER VI 

INTERNAL COMBUSTION ENGINES 

In the previous chapter attention has been given only to the 
marine steam engine which practice has reduced to a standard 
type with only minor variations. The methods of those chap- 
ters (with the exception of the determination of indicator dia- 
grams) may be directly applied to internal combustion engines 
which have more recently been applied to the propulsion of 
sea-going ships. The forms of such internal combustion engines 
for marine propulsion have not as yet been standardized, but it 
appears probable that the external form and appearance will 
resemble that of the marine steam engine, though there is a 
strong tendency among some builders to dispense with a sepa- 
rate cross-head and enclose the whole engine in a crank case. 

For many years the gasoline engine has been used to propel 
small boats with continual increase of size and power until 
certain submarine boats, yachts, harbor tow-boats and other 
craft develop several hundred horse-power from gasoline en- 
gines. But various considerations including cost of fuel limit 
the application of such engines, and they have not been applied 
to sea-going merchant ships. Such gasoline engines have been 
developed with little if any reference to the type of the marine 
steam engine. They most commonly have been single-acting 
engines of the four-cycle type, without separate cross-heads, and 
enclosed in a crank case. The two-cycle engine has also been 
widely used for small power but on the whole is not adapted 
for general use. Good examples of gasoline marine engines run 
for long periods without overhauling and with very little atten- 
tion during operation and must be considered reliable. Though 
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the design and computations cannot be radically different from 
those for steam engines the building or manufacture of such 
engines is a special industry of which the marine engineer may 
have only a superficial knowledge. They may have from one 
to eight cylinders; if there are three or more cylinders they may 
have small fly-wheels or none at all. The six-cylinder engine 
may be balanced completely by the method explained on page 
197; other numbers of cylinders are likely to give troublesome 
vibrations especially as they run at high rotative speeds. 

Some advance has been made in the application of producer- 
gas engines to marine propulsion, but they have not as yet 
attained large power or general acceptance. They may be 
either two-cycle or four-cycle engines. Practically they are 
confined to anthracite or coke as fuel and the necessity for 
scrubbing the gases complicates the problem when applied to 
marine propulsion. 

The Diesel motor has now won such success as a marine 
engine that there appears to remain only the standardization 
from experience of forms and details in order that it may be 
applied widely for marine propulsion. In discussing the field 
for such engines the question as to the power that may con- 
veniently be developed in one cylinder becomes very important. 
Dr. Diesel is of the opinion that there are no insuperable diffi- 
culties in developing the engine to very large powers and certain 
builders support him in that opinion; at the present time (1913) 
not more than 250 horse-power per cylinder has been obtained 
at sea. The single-acting four-cycle type was first applied to 
marine propulsion but the two-cycle type appears to be the 
favorite form. Some builders expect to develop double-acting 
cylinders, overcoming the difficulties of cooling the pistons and 
maintaining stuffing-boxes. 

Single-acting two-cycle engines may have as few as three 
cylinders, but four or six are preferable. Single-acting four- 
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Fig. 47. 
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cycle engines should have four cylinders, or 
preferably six or eight, unless practice shall 
show that long shafts cannot be kept in line. 
It remains to be seen whether the single- 
acting engine should have a separate cross- 
head or join the connecting-rod to the piston 
as is the common practice for land engines. 
These details, however settled, will affect the 
details of calculations of strength but not 
the principles or methods. 

The form of the indicator diagram from an 
internal combustion engine cannot be deter- 
mined even ap- 
proximately by 
any theory or 
method; fortu- 
nately the forms 
appear to be well 
settled in good 
practice, and since engines of moderate power 
develop the highest practicable efficiency, the 
designer of an engine may proceed confi- 
dently from diagrams taken from engines 
already built. 

For our present purpose we may consider 
the diagram only as it affects our calcula- 
tions for strength. Fig. 47 shows the typi- 
cal diagram from an explosive gas engine 
which is reproduced here mainly because the 
operations of the cycle can easily be distin- 5_ 
guished. It is convenient to start at b the 
end of a working stroke, and note first the exhaust stroke be 
with a pressure sUghtly above the atmosphere; thus follows the 
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finin g stroke cdy slightly below the atmospheric pressure; these 
two are the preparatory or idle strokes of the engine when but 
little work is expended. The compression stroke is de, work 
being done to compress the charge; the explosion occurs just 
before the completion of the compression and combustion lasts 
during the expansion or working stroke ab. These several oper- 
ations require four strokes and two revolutions of the engine, 
and the diagram for computations of strength should be de- 
veloped as in Fig. 48, starting from a, the beginning of the 
working stroke. The effective pressure at any given piston 
position is measured directly from the atmospheric Une, and the 
downward forces due to pressure in the cylinder are f oimd by 
multiplying the effective pressures by the area of the piston. 
The accelerating forces are found as for a steam engine (page 
109) and added algebraically giving them the proper signs. 
Finally the rotating forces are found by aid of the ratios in the 
tables on page no. 

In a paper on the Diesel engine Mr.* J. T. Milton gives the 
resultant rotative effect for a four-cycle single-acting engine 
taking account of acceleration. The 
diagram from the engine is given by 
Fig. 49, which shows a compression 
of the charge of air to 500 poimds 
per square inch. The pressure during 
the working stroke is coiitrolled by 
the rate of the fuel supply, which is 
injected for about one-tenth of the 
stroke. The exhaust and filling strokes 
do not show any appreciable deviation of pressures from that 
of the atmosphere. In Fig. 50 he gives the rotative effect 
with crank-angles for abscissas (i) due to pressure only and 
(2) allowing for the acceleration of the piston. The rotative 
* Trans. Int. Naval Archts'., 191 1. 
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effect of the pressure only is shown 
by a dotted line in the first and 
fourth strokes, due to the work- 
ing pressure and to the compres- 
sion; the latter part of the curve 
is below the base line because 
work is then done by the engine 
to compress the air. No rotative 
effect is shown dining the second 
and third strokes for exhaust and 
filling. The resultant rotative effect 
taking account of acceleration is 
shown by the sinuous full line. 
The effect of acceleration is to 
diminish the maximimi rotative 
effects both during expansion and 
compression and consequently to 
din[iinish the stresses in the crank- 
shaft. This diagram is very inter- 
esting because from it the result- 
ant rotative effect for any number 
of cranks may be determined both 
for four-cycle and for two-cycle 
engines. 

The two-cycle engine has no ex- 
haust or filling stroke, but it has 
a -working stroke each revolution. 
At the end of the working stroke 
the piston overruns ports cut 
through the cylinder walls through 
which the exhaust takes place. 
The Diesel engine is supplied with 
air imder moderate pressure while 
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these exhaust ports are open, which air washes out the spent 
gases of the preceding working stroke; on the upstroke the air 
charge is compressed and heated ready for the fuel supply on 
the down or working stroke. A similar operation for a gas or 
gasoline engine is not so favorable because the spent gases 
must be discharged and the charge of fresh gas supplied while 
the exhaust ports are open. Large gas engines may work 
effectively on the two-stroke cycle, small gas engines are much 
less effective, and gasoline engines especially if running at high 
rotative speeds are very ineffective. 

Turning to Fig. 50, we may get the diagram for rotative 
effects for a two-cycle engine by omitting that part of the dia- 
gram corresponding to the second 
and third strokes, that is, we 
may discard the middle and join 
the two ends. The diagram which 
is left may then be applied to 
engines with two or more cranks 
by superposition. 

In Fig. 51 Mr. Milton gives 
the resultant rotative effect for 
a four-cylinder four-cycle and 
also for a two-cylinder two-cycle 
engine, taking account of pressure and of acceleration. In the 
same diagram he gives the resultant rotative effect for pressure 
only as shown by the dotted curve. In the same article he makes 
combinations for various numbers of cranks, from which the 
torsion on the aftermost crank of the engine and also for various 
cranks of a given engine can be found. He points out the 
important fact that since the effect of acceleration is to dimin- 
ish the torsion during both the working and the compression 
strokes, attention must be given to the rotative effect of pressure 
only because it is liable to be experienced when the engine is 
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Starting and has not come up to speed. Also it is important to 
determine other cranks as well as the aftermost crank because 
it may be that some other crank may experience the greatest 
torsion. 

From his study of rotative effects on single-acting engines 
Mr. Milton concludes that a two-cycle engine should have at 
least three cranks and a four-cycle engine at least six cranks. 
Larger numbers of cranks are preferable in each case. The paper 
concludes with proposed rules for shafting of Diesel engines 
similar to Lloyd's rules for shafting of steam engines. 

A Diesel engine must have air compressors for feeding the 
fuel and for charging pressure tanks that provide for starting 
and maneuvering; the two-cycle type requires also compres- 
sors for supplying air for scavenging. These air-compressing 
pumps may be driven direct from cranks on the main shaft, 
from the main piston directly, or from the main pistons through 
levers. These compressors must of course be considered both 
in discussing the turning moment and in considering means of 
balancing the engine, and there is some complication in conse- 
quence. It may be expected that with four cranks a fair balance 
may be had and that with six or more cylinders a good balance 
may be secured, taking into accoimt the air compressors. 

There are many other considerations which have received 
attention by the builders of Diesel marine engines and many 
problems that either remain to be solved or for which the best 
solution is yet to be offered. 
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